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Abstract 

Measuring high speed fluid flows in ducts with dual-channel mass flow 

meters results in a large scattering of the measurement values outside the 

0.35% error specification. However the origin of these errors remained, 

unlike other influences such as temperature and pressure, unresolved. 

This work was initiated with the motivation to prove that the cause of 

the measurement value scattering lies in flow-induced sound. An analysis 

of the flow-induced sound on such a device is complex. The main acoustic 

source is located within the meter itself, where the large hydrodynamic 

pressures superimpose the much smaller acoustic pressures and make any 

direct measurement of the acoustic quantities impossible. For this pur 

pose a vibroacoustic examination of the system has been completed using 

a hybrid computational aeroacoustic method, applying Lighthills acoustic 

analogy and splitting the fluctuating pressures into their incompressible 

and acoustic components. The location of the main acoustic source, and 

the disturbance frequencies due to the flow-induced sound could be iden- 

tified in the numerical analysis and verified with measurements of the 

duct displacements on three different devices using two Doppler laser vi- 

brometers on a calibration rig. Furthermore, a distinct behaviour of the 

acoustic pressures and duct displacements over Reynolds number could 

be identified, which is dependent on the turbulence energy spectrum at 

the location of the main source. The scattering of the measurement values 

does not result directly from the produced acoustic pressures, but in their 

amplification through acoustic resonances in the system. Through design, 

this resonance behaviour could be suppressed and the stability and re 

peatability accuracy of the dual-channel mass flow devices improved by 

a factor of five. The measurement performance of the novel designs was 

verified on a calibration rig, and was found to comply with maximum 

error specifications of 0.25%. In future, these acoustic considerations will 

be made part of the optimization algorithms applied in dual channel mass 

flow meter design to ensure accurate measurements of high speed fluid 

flows.
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Kurzfassung 

Die Messung von großen Strömungsgeschwindigkeiten mit Doppelrohr 

Massendurchflussgeräten führt zu einer großen Streuung der Messergeb- 

nisse. Jedoch blieb die Quelle dieser Fehler, anders als die Einflüsse von 

Temperatur oder Druck, noch ungelöst. Diese Arbeit hatte zum Ziel, die 

se Fehler mit strömungsinduziertem Schall zu erklären. Die Analyse von 

strömungsinduziertem Schall in diesem Messsystem ist komplex, da die 

akustischen Quellen innerhalb des Gerätes selber entstehen, wo große hy 

drodynamische Drücke die kleinen akustischen Drücke überlagern und 

eine direkte Messung des Schalls unmöglich machen. Aus diesem Grund 

wurde eine vibroakustische Untersuchung des Geräts durchgeführt und 

unter Verwendung der akustischen Lighthill Analogie und Trennung der 

schwankenden Drücke in ihre inkompressiblen und akustischen Kompo 

nenten ergänzt. Sowohl die dominante akustische Quelle, als auch die stö 

renden Frequenzen wurden in der numerischen Analyse identifiziert und 

durch Messungen der Auslenkung der Messrohre an drei unterschiedli 

chen Geräten mit zwei Doppler Laser Vibrometern an einer Kalibrieran 

lage verifiziert. Weiterhin wurde ein deutliches Verhalten der akustischen 

Drücke und Rohrverschiebungen über die Reynoldszahl erkannt, welche 

in Verbindung zum Energiespektrum der Turbulenzen steht. Die Streu 

ung der Messergebnisse entsteht nicht direkt aufgrund der akustischen 

Drücke, jedoch durch deren Verstärkung aufgrund akustischer Resonan 

zen im System. Durch ein geändertes Design konnte diese Verstärkung 

unterdrückt werden und die Stabilität und Wiederholbarkeit des Mas 

senflussgeräts um einen Faktor von fünf verbessert werden. Die Messleis- 

tung des neuartigen Designs wurde auf einer Kalibrieranlage verifiziert 

und liegt innerhalb einer maximalen Fehlerangabe von 0.25%. In Zukunft 

werden die erarbeiteten akustischen Überlegungen im Optimierungsalgo 

rithmus aller Doppelrohr Massendurchflussgeräte integriert werden, um 

hoch genaue Messungen von Medien mit hohen Geschwindigkeiten sicher 

zustellen.
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In this thesis, scalars are represented by normal letters (b), Cartesian vec 

tors are set in bold italic letters (b) and tensors by bold letters. Matrices 
are capital boldface Roman letters (B). 
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Introduction 

  

This work handles an array of topics including duct acoustics, aeroa 

coustics and vibroacoustics with focus on obtaining accurate flow mea- 

surements with dual channel systems in industrial applications. The in 

troductory chapter initiates these topics through a description of the 

latest published research in these fields, and a discussion on the current 

measurement principle and performance of dual-channel mass flow mea- 

surement devices. A short theoretical background is provided, which is 

extended upon in later chapters, followed by the motivation for the cur 

rent work. Conclusively a hypothesis for the study is drawn and the 

structure of the subsequent chapters is outlined.
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1.1 State of the art 

1.1.1 Acoustics in industrial pipelines 

In a turbulent fluid flow, both hydrodynamic and acoustic pressure fluc- 

tuations are present. The acoustic perturbations are what we term sound, 

as they are characterized by their ability to propagate [1]. Since these 

acoustic pressures are induced by a flowing fluid, their study is termed 

aeroacoustics. Although the hydrodynamic pressure is of larger ampli 

tude, it is the acoustic pressure which can travel through the mechani 

cal system and have a large impact on account of resonance frequency 

matching [2]. The study of the mechanical response of a structure due to 
these acoustic pressures is termed vibroacoustics. In some instances the 

sound production and mechanical vibrations in a certain system are small 

enough to be ignored, or do not cause any damage. In other cases it is 

the environmental noise that decreases personal comfort such as in heat 

ing, ventilation and air conditioning (HVAC) installations [3]. In more 
serious cases the mechanical integrity or the performance of system com 

ponents is affected. The fundamental theory of duct acoustics becomes 

relevant since these disturbances often arise in systems for the transport 

of fluids due to instabilities and turbulences in the flow, or due to sound 

propagation generated by obstructing components in the network. 

The importance of correct aeroacoustic design which avoids the occur 

rence of objectionable phenomena is widely documented in scientific liter- 

ature. Research topics range from general investigations on flow-induced 

vibrations of cylindrical structures exposed to a flow such as from Zhu [4] 

and Chen [5], to the implementations for industry [6], to examinations 

of concrete cases. The studies of Firth [7] arose because of the need to 

be able to predict the acoustic fields produced in the system of nuclear 

reactors, which are created by unsteady flow mechanisms associated with 

the fluid pumps. Lirvat [8] examined the flow in the main steam-line and 
safety relief valve branches of a boiling water reactor in order to under 

stand the mechanisms for induced structural vibrations which could lead 

to high-cycle fatigue damage. Large butterfly valves can generate signifi- 

cant noise sources with ensuing sound propagating in both the upstream
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and downstream directions. This additional noise generated by valves 

in large lines connected to acoustic test facilities can mask the noise of 

the test hardware [9]. Mufflers [10] and corrugated pipes [11] are also 
designed adhering to acoustic considerations. 

Areas of research related to the present case include investigations in to 

duct junctions, diameter changes and bends similar to those found within 

a dual-channel mass flow meter. A large area of interest surrounds T- 

shape junctions. Studies involve the application of scattering matrices to 

an incoming wave, as well as the interaction between the acoustic and 

hydrodynamic fields, see e.g. |12, 13]. Interesting findings include that 

waves incident on T junctions at the downstream side are only atten 

uated, while waves incident at the other branches may be amplified or 

attenuated depending on the Strouhal number. Additionally, the acous 

tic amplification of a rectangular junction is more severe than that of a 

circular one [12]. Xin [14] researched the different flow fields in T- and 
Y-junctions, finally concluding that the flow field performance is only 

optimal in an arc shaped junction with the radius of curvature playing 

a key role. Flow structures in orifices are also a large focus of study. 

Alenius [15] investigated the acoustic properties of an orifice in a duct 

exposed to a strong bias flow. She found that the incoming sound waves 

at a Strouhal number of 0.43 trigger a strong axisymmetric oscillation 

in the circular duct orifice. Maximum amplification of sound will occur 

at certain Strouhal numbers, and when these coincide with strong reflec- 

tions from system boundaries a high tonal noise can be created. Gloerfelt 

[16] observed the Coanda effect in the study of turbulent flow through a 

diaphragm in a duct. The flow becomes asymmetric in spite of symmet- 

ric test sections and inlet conditions. Above a critical Reynolds number, 

a pitchfork bifurcation results. The increase of velocity near one wall is 

accompanied with a decrease in pressure, and once a pressure difference 

is established across the duct, it will maintain the asymmetry of the flow. 

The research referenced above has focused on the reaction of an incom 

ing wave to obstructions in a duct. Less widely covered in research, is 

the sound produced by the turbulent structures in the flow itself. Thus, 

the sound does not originate from an interaction between the flow and a 

solid boundary, but from the turbulent eddies in the fluid. An example
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of research conducted in this regard involves HVAC systems, which have 

been numerically investigated by Hüppe [3]. These heating, ventilation 

and air conditioning systems consist of complex duct networks, with many 

changes in direction and to the duct diameter and shape. Additionally, 

the air can move at vast speeds through the mostly narrow ducts and 

the grade of turbulence is high. The flow induced noise is clearly audible 

and much effort has been applied in order to reduce the sound level. The 

main driver for this research is personal comfort, for example in a vehicle 

or at the workplace. Hüppe realized that the acoustics in such systems, 

where the aeroacoustic sound is generated very close to the observer, is 

difficult to measure accurately since in the near-field the acoustic field 

is superimposed by hydrodynamic quantities. He states that computa 

tional aeroacoustic approaches based on a perturbation ansatz allow a 

better separation of flow effects and audible acoustic components inside 

the source region. In order to understand the pure acoustic effects in the 

system, it is also this approach that will be used for the investigations in 

the present work. 

1.1.2 Dual-channel mass flow meters 

The current application extends the study of aero and vibroacoustic 

effects to mass flow measurement devices, where the accuracy of the 

measurement value may be negatively influenced by external vibrations 

caused by flow-induced sound. In most duct networks transporting a 

medium, the amount of fluid that travels through the pipeline needs to 

be controlled. One of the most accurate ways to achieve a mass flow mea- 

surement is using a dual-channel mass flow meter which is built directly 

in to the line. These meters are available for many applications, and are 

used in a variety of sectors such as the pharmaceutical, petrochemical, oil 

and gas and food industries for a large spectrum of pressures and temper 

atures. Available line diameter sizes range from lmm up to 350 mm, and 

they are constructed primarily using stainless steel or hastelloy materials. 

A typical device begins and ends with a standard flange for the process 

connection, between which it splits the fluid in to two smaller parallel 

ducts, used for the measurement of the flow. Attached to the two mea-
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suring ducts is an electromagnetic exciter and two inductive sensors, see 

figure 1.1. 

  
Figure 1.1: Endress + Hauser dual-channel mass flow meter showing the 

inner construction with two parallel measurement ducts, in 

ductive sensors (blue) and driver (red) 

The exciter at the center ofthe ducts causes them to vibrate at a certain 

resonant frequency, the so called drive mode, and the sensors pick up the 

corresponding displacement of the ducts at their two respective different 

positions, as marked in figure 1.1. 

When the fluid is not flowing, the vibration of the measurement ducts 

corresponds exactly with the external excitation. This vibration can be 

seen as a rotation around the axis normal to the duct displacement and 

thus when the fluid starts flowing, the superimposed rotational and linear 

motions result in an inertial force acting on the fluid particles. This force, 

known as the Coriolis force, was defined by Gaspard Gustave de Coriolis 

in 1835 [17] using the mass m, flow velocity u and duct rotation w as 

Fe 2muxw. (1.1) 

It is transferred to the duct surface via surface forces such as fluid
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Figure 1.2: The drive mode (left) and Coriolis mode (right) of a dual 
channel mass flow meter 

pressure or shear stress and results in a deformation of the duct walls. 

Since the rotation is in opposite directions near the inlet and outlet sides 

of the device, the Coriolis force acts in different directions, causing a 

deceleration of the fluid particles near the inlet and an acceleration near 

the outlet. Both operating modes are shown in figure 1.2. This influences 

the vibration of the measuring ducts and results in a phase shift Ad 

between the two output voltages of the inductive sensors. This measured 

phase shift is directly proportional to the mass flow [18] 

Ad 
f ’ 

where C is a calibration coeflicient and f the drive frequency. The flow 

is split into two parallel measuring ducts to create a mechanical balance 

within the device. One duct is used for the flow measurement directly, 

while the second and identical duct works as a tilger to damp the pro 

duced vibration. In this way, vibration transfer to the process line can 

be minimized. Using a second identical tube filled with the same fluid as 

a tilger is very effective since the system is in balance independent of the 

fluid in the line. The effect of temperature and pressure variations in the 

process on the measurement reading are additionally compensated using 

algorithms in the device electronics. 

The electronics of the device which receives the signals from the two 

sensors, applies a bandpass filter centered at the drive mode frequency 

me ~ CAt (1.2)
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f such that only signals with this frequency are used for the processing 

and calculation of the mass flow. The possible bandpass filter settings for 

the Coriolis device are 800 Hz, 400 Hz, 200 Hz, 100 Hz, 50 Hz, 25 Hz and 

12 Hz, with the standard setting being 50 Hz, since the flow measurement 

value is output at this frequency. In this case the bandpass would be 

f+50Hz, an example of which is shown on the left of figure 1.3. 
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Figure 1.3: Filter stop band in the electronics for the standard setting 

(left) and the effect of noise on the phase signal (right). 

If a disturbance frequency acts on the system, an additional signal is 

sent to the electronics. When the low-pass band filter is larger than the 

difference between the drive and disturbance frequencies, such that the 

disturbance is not filtered out, the unwanted perturbation will have an 

effect on the phase measurement. For the standard case, this means 50 Hz 

above and below the drive frequency. The effect is especially critical when 

the disturbance frequency is very close to the drive mode. The strength 

of the phase corruption depends on the amplitude ratio of the disturbance 

to the true measurement, as shown on the right of figure 1.3. The noise 

component shifts the true phase of the mass flow measurement signal, and 

a falsified mass flow calculation with an incorrect Ad in (1.2) results. 
The initial instinct would thus be to choose a very narrow bandpass 

filter [19]. However, when the filter is too small, the system response 
time increases and a mass-flow change takes longer to settle. This is
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undesirable in applications with rapidly changing flow. Narrowing the 

bandpass would result in a slower signal processing speed, and thus less 

accurate measurements over time. The effect is shown on an example 

flow measurement in figure 1.4. When the bandpass width is decreased 

from 50 Hz to 12 Hz, the time for the change in mass flow increases from 

0.15s to 0.5s. Additionally, alias frequencies which are multiples of the 

drive mode frequency, as well as at half of the drive mode frequency, can 

also be folded up or down and to some degree pass through the bandpass 

with relatively large amplitudes. 

Mass flow response BW=50Hz Mass flow response BW=12Hz 
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Figure 1.4: System response time for two different filter bandwidth set- 

tings. 

The current design of dual channel mass meters centers around two 

main aspects: optimal mechanical performance and minimized pressure 

drop. Thus the construction of all components, such as the duct sizes and 

shape, and the flow splitter geometry, is designed such that the maximal 

response to the Coriolis force is obtained at the sensor position with min 

imal influence from external effects, and with minimal loss of pressure in 

the line. Current devices can measure liquid mass flows with an accuracy 

of up to 0.05% and gas flows, which prove more challenging, up to an 

accuracy of 0.35%. These accuracies are obtained for temperature ranges 

between —50°C and 350°C, with pressures up to 250 bar in certain design 

versions. The measurement of gas flows is considerably more complicated 

due to the compressible nature of the medium. Nonetheless, repeatability
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accuracies of up to 0.35% are specified. The latest developments to dual- 

channel flow meters can be seen from recent patents. Focus lies mostly on 

complex compensation algorithms for pressure, density and temperature 

effects, such as in [23] or [24], which are applied in the electronics, or on 
achieving further optimal mechanical balance through component design 

such as from Krohne [21], [20]. The optimization of the contours of the 
flow splitter geometry for minimized pressure loss is also a prominent 

topic [22], [25]. However, design optimizations considering the acoustics 
in dual-channel flow devices are novel, and becoming ever more important 

if constantly improving design accuracies want to be achieved. A dual 

channel mass meter can contain very turbulent flows when carrying fluids 

with high velocity. This turbulence is increased by the flow separation 

and joining before and after the two parallel measuring ducts respectively. 

The changes in duct diameters and the bends also contribute to increased 

flow turbulence. It is thus not surprising that low-induced sound may 

arise in the system, and possibly at frequencies which are able to pass 

through the bandpass of the device electronics, causing a disturbance to 

the measurement reading. 

1.2 Theoretical background 

1.2.1 Sound propagation in circular ducts 

The sound field in a duct may be solved using the wave equation by 

means of a series of expansion. The convective wave equation, as derived 

later in chapter 2, 

1 0°p, 2 0?pa | My 07p, 
— + M +2 — _y? 0, 1.3 
ca 81? "dx? Co Oxöt Pa 1.3) 

defines the acoustic pressure p,, dependent on the time t and spatial co 

ordinate x, in terms of the speed of sound co and the axial Mach number 

M,. I£ a time harmonic pressure is assumed with a frequency w such that 

    

Pa(t)  palw)e ™, (1.4)



1 Introduction 
  

then the convective wave equation can be written as 

2 
[k* m + Mo - V’p O (1.5) 

x? 0X 

withk  w/co. Since the duct is cylindrical, we can define an ansatz using 

separation of variables with the radial co ordinate i% angular co ordinate 

0 and axial co ordinate x. This means that V? Le + 55 + 1 - 87“ + — I 

and the result is an infinite sum of special solutions, called duct modes, 

that retain their shape when traveling down the duct [28]. The general 
description for sound propagation using polar co ordinates in a circular 

duct is thus given by 

pı(z, r, 0) 5 5 Anne ment Bun Fr Un (r)e 9, 
MN=7XN=—00 

(1.6) 

where Ann and Bann are the amplitudes of upstream and downstream 

duct mode mn, m being the circumferential wave number and n the n'® 

zero of the Bessel function. The radial component Umn(r) is a normal 
ization factor based on the Bessel function and (r,@) is the cylindrical 
co ordinate [26]. The axial wave number kn is given by one of the 
square roots 

kmn £/ — 02.) (1.7) 

for radial eigenvalues Ann (+ for downstream and — for upstream prop 

agation). The circumferential, radial and axial wave forms occurring in 

a cylindrical duct as described in (1.6) are visualized in figure 1.5. The 
shape of the wave is determined by the infinite combinations of (m, n) 
and the amplitude of this wave as it travels along the duct is defined by 

the axial form. 

An important case is the plane wave with m 0,n 0, where the 

radial eigenvalue is zero and koo  w. In the plane wave case, the first 

zero of the Bessel function is equal to zero. This fundamental mode 

can propagate at all frequencies, whereas all higher order modes have a 

10
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Figure 1.5: Visualization of the circumferential, radial and axial wave 

forms in a cylindrical duct 

non-zero cut-off frequency below which they cannot propagate [27]. The 

reason for this behaviour is that the zeros of the Bessel function are an 

ever increasing sequence in both m and n, so there is always an mo and 

no beyond which a2, > w“ which results in a purely imaginary kmn. In 

this case the duct modes decay exponentially in x and are called cut-off 

modes. The propagating modes are in turn called cut on modes. For 

low frequencies, where w is less than the first trivial zero of the Bessel 

function, all modes are cut-off and only the plane wave propagates. The 

critical frequency can be described with (1.8), and is seen to be dependent 
on the mn!? zero of the Bessel function 5/,,, the radius of the duct a and 

the speed of sound co [28] 

Immo 1.8 
Je Ira 11.8) 

When a mean flow is considered, the axial modal wave numbers are 

shifted to the left (M > 0), or right (M < 0) by a fixed amount of 
wM/(1- M?) 

L —wM + /(w? —a2,,) 

m 1 — M? ' 

Accordingly the cut-off frequency is shifted to 

WeM  weV 1 — M2 (1.10) 

Thus with uniform mean flow the modal theory still applies, however with 

higher flow rates more modes are possibly cut-on than with lower flow 

  (1.9) 
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rates [28]. The acoustic field has a larger effect on duct wall vibration 
and external radiation in cases with severe disturbances, in comparison 

to those due to undisturbed turbulent pipe flow. The response of the 

duct wall to the internal acoustic field at low frequencies, at which no 

higher order modes propogate, is quite different from that at the higher 

frequencies where the higher order modes can also propagate. It is neces 

sary to consider these two frequency ranges separately. At frequencies at 

which only plane acoustic waves can propagate in the duct, both forced 

pumping motions and resonant modes of the duct wall contribute to the 

acceleration response of the wall. Discontinuities in the pipe network re 

sult in changes to the acoustic impedance and may thus build acoustic 

resonances [28] between consecutive components. These acoustic reso 

nances are described as 

nc 

In 31 
with the possibility of n acoustic resonances for a tube of length L, de 

pending on the acoustic source. These acoustic resonances develop due 

to the propagating acoustic pressures in the system. For a circular duct 

with uniform wall thickness, theory predicts no coupling between plane 

waves and modes of circumferential order m > 0, but departures from the 

ideal state results in apparent excitation of all duct modes with resonance 

frequencies in this range [27]. Increases in the wall response and exter 
nal radiation are largest at frequencies at which higher order acoustic 

modes can propagate, in which case wavenumber coincidence effects lead 

to a strong excitation of supersonic duct modes. This occurs when the 

wavenumbers of the structural and acoustic waves are equal at the duct 

wall. This type of coincidence usually occurs at a frequency close to the 

cut-off frequency of the acoustic mode involved. The phenomenon of com- 

plete coincidence is defined as the condition in which there is wavenumber 

coincidence and, in addition, equality of structural and acoustic frequen 

cies. In general, because of the discrete nature of the structural resonance 

frequencies, only wavenumber coincidence will occur [27]. 
The behaviour may be different in bent pipes. The middle-radius bends 

produce small, if any, increases in wall acceleration and acoustic radia 

(1.11) 
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tion over those due to undisturbed flow throughout the frequency range, 

while 45° and 90° mitred bends produce much more [27]. Studies from 

Sariguel [29] showed that sharper bends provide more sound attenua 
tion corresponding to higher non dimensional wavenumbers in a wider 

range. For flow induced sound, there is additionally a dependency on 

the hydrodynamic field. Since the magnitude of the shed vorticity is am- 

plified during its convected path over for example a T-junction, a net 

increase in sound power is possible, depending on the Strouhal number. 

For instance, if the time scale associated with vorticity convection across 

the junction opening equals an odd multiple of half the acoustic period, 

mostly attenuation will take place. For an even multiple amplification 

is expected. Thus, there will be several alternating Strouhal number re 

gions of attenuation and amplification [12]. The near-field components 
are pressure fluctuations incurred by the adjacent fluid with boundary- 

layer turbulence being the most important near-field noise. The far-field 

components comprise all noises that propagate at the speed of sound. 

Sources of far-field noise include flow pulsations, vortex shedding over 

the submerged objects, turbulence generated by bends, cavitation, and 

the like. Boundary layer noise is always present if the flow is turbulent, 

however the strength of far-field noise depends on system design [5]. 

In a simple system the location of the duct modes and acoustic reso 

nances are easily determined, in complex systems rather with the help 

of finite element methods to avoid simplification errors. However, de- 

termining which modes are able to occur and to what extent is more 

challenging, since the intensity and range of the acoustic sound source 

needs to be quantified, and this source depends on the mass flow. Addi- 

tional transient multiphysics considerations also need to be implemented 

to compute the mechanical response to the acoustic pressures in the flow 

over a specified time period. These types of studies, as outlined above, 

have been conducted for varying pipeline geometries and components, 

resulting in optimized geometrical considerations. It has not as yet been 

conducted for dual-channel mass flow meters. The nature and extent 

of the acoustic influence on these measuring devices has remained, until 

now, unexplored. Due to the complex nature of the problem, and the cou 

pling of three different physics models, the application of computational 

13
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aeroacoustics is best suited to obtain a usable solution. 

1.2.2 Computational aeroacoustics 

There are two main approaches to an aeroacoustical computation: a 

direct numerical simulation (DNS) and a hybrid simulation. The first 
methodology is based on the numerical solution of the compressible Navier 

Stokes equations which also includes acoustics. The big drawback of this 

method is the huge disparity of scales of the acoustic and flow fields. The 

resolution of the flow grid has to resolve small scale vortices, orders of 

magnitude smaller than the acoustic wave length propagating inside the 

region. In addition, the sound intensity is mostly very small in compari 

son to the energy quantities of the flow such that numerical noise pollutes 

the acoustic simulation. In certain applications this method does need to 

be applied, for example in applications where the sound-flow interaction 

is of increased importance such as in the studies of a diaphragm in a duct 

by Gloerfelt [16]. However in many cases the DNS solution is not feasible 
due to the enormous computational costs. 

When the reaction of the fluid to the acoustics is assumed to be reason- 

ably small, the hybrid method can be applied. In this method, based on 

an initial compressible or incompressible fluid dynamic simulation, the 

acoustic sources are computed by means of an appropriate aeroacoustic 

analogy as detailed in chapter 2. 'T’hese sources are then used in a sec 

ondary step in which the acoustic wave propagation is simulated. This is 

a convenient separation of the two main areas of study: the estimation 

of the source characteristics (in terms of known aerodynamic quantities) 

and the modeling of the propagation of the generated sound [30]. The 

disparity of scales regarding the grid resolutions however remains, which 

is why the sources calculated in the initial computational fluid dynamic 

(CFD) step, have to be interpolated to a separate acoustic grid for the 

further acoustic analysis [3]. 
The approach used for the hybrid aeroacoustical simulation in this 

work is depicted in figure 1.6. Firstly the flow field is modeled using the 

fluid dynamic software StarCCM+ V9.02.007. This is a fully turbulent 

transient simulation with an appropriately fine discretization and time 

14
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Figure 1.6: Flow chart of the implemented hybrid aeroacoustic simulation 

method. 

step for the required frequency resolution as detailed in chapter 3. Once 

the transient simulation has reached a stable state, the incompressible 

pressure field over the whole fluid domain is exported at every time step. 

Additionally, the mean flow vector should be calculated for this time 

period. The total simulation time is dependent on the frequency domain 

required. The simulation values, for example the incompressible pressure 

and mean velocity field vector, are used to calculate the acoustic source 

terms as derived in chapter 2. The result is the acoustic source term value 

for each CFD element over time. The source term values can now be 

interpolated from the CFD grid to the acoustic grid. The interpolation 

on to a new grid is used to save computation time, since the acoustic 

computation allows for a much coarser grid. 

The interpolation of the acoustic source term at every time step from 

the CFD grid to the acoustic grid is performed using the conservative 

interpolation technique described by Kaltenbacher [31]. The center value 

of the CFD volume element is positioned in the containing element of the 

acoustic grid and the associated value is distributed amongst the relevant 

3 dimensional acoustic nodes. The algorithm extracts the acoustic cell 

center and interpolates the volume weighted source term according to the 

center coordinates, as pictured in figure 1.7. The algorithm is limited to 

acoustic elements which are larger than the CFD elements. This is usually 
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® Acoustic nodes 

® CEFD cell center value 

Figure 1.7: Visualization of the interpolation method for the transfer of 

the acoustic source terms from the CFD mesh to the acoustic 

mesh. 

the case, since the acoustic model requires fewer elements for an accurate 

solution, and as a result many UFD cells are contained in one acoustic 

cell. In the broadest sense, the interpolation between meshes adheres to 

the energy conservation law, such that when a field q is interpolated from 

mesh A to mesh B in the domain Q, the following relation holds 

[av war (1.12) 
Q 9 

Now that the source terms are on an appropriate grid, the acoustic 

analysis may begin. The wave equation is solved for the acoustic pres 

sure p*, for example using the multiphysics software CFS+-+ [32]. These 

acoustic pressures may be examined in the time domain, or in the fre 

quency domain if a Fourier transform is applied. Furthermore, since 

UCFS++ has multiphysics capabilities, the acoustic simulation can be di 

rectly coupled to the mechanical solution of the duct, such that the vi 

brations on the mechanical system due to the acoustic pressures may be 

analyzed. The wave equation and the mechanic acoustic coupling equa 

tions are derived in chapter 2. 
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1.3 Motivation 

When dual-channel mass flow meters are deployed to measure high ve- 

locity flows, frequently in gas applications, a reduced quality in the re- 

peatability of the measurement outputs is observed. Different device 

constructions show different behaviours in this regard, as seen in figure 

1.8, which shows the output scattering of ten measurements at each mass 

flow in three different devices. 
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Figure 1.8: Scattering of measurement values for three different devices 

over mass flow rate with an error specification of 0.35%. 

Some devices show a steady increase in the scattering of the mea 

surement values with increasing mass flow, while other devices display 

maximal scattering at a certain flow rate, after which the performance 

improves again. The overall amplitude of scattering differs between mass 

flow devices, with different designs performing better or worse than oth- 

ers. The current performance of dual-channel mass flow meters with 

hish speed gas applications thus poses a problem for the application of 
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the devices in the gas market with the required accuracy specifications. 

Prior investigations into the origin of these errors have been heretofore 

unsuccessful, and the lack of understanding of the underlying cause of 

the value scattering has hindered the discovery of a viable solution. The 

current work aims to identify the source of this phenomenon in dual 

channel devices at high flow rates, understand and quantify its influence 

on the measurement principle and if possible provide solutions for im 

proved performance. For simplification of the problem, only devices with 

a nominal diameter of 50mm will be considered, with the fluid medium 

air at 10 bar and room temperature. 

1.4 Hypothesis 

The cause for the impaired repeatability of the measurement results in 

dual-channel mass flow meters is suspected to be related to flow-induced 

sound. To confirm this assumption, the source of flow-induced sound 

in different dual-channel devices needs to be identified and quantified. 

Thereafter, the response of the system mechanics to this source needs 

to be examined in order to understand how and why the scattering of 

measurement values originates, as well as to understand the dependency 

of the scattering magnitudes on the Reynolds number. The aeroacoustic 

and vibroacoustic effects in dual-channel flow mass meters have hereto 

remained unexplored. Devices have been optimized according to ideal 

mechanical and flow considerations, but never concerning the in-duct 

acoustics. The geometry of the system is also unique, in that the flow 

is split into two smaller parallel pipes which contain an arch. The flow 

splitting and joining geometry is thus different to that found in, for ex- 

ample, T junctions. At the beginning of the work, it was uncertain if 

the aeroacoustic effects are present at all at the flow rates and mediums 

seen by such a device, and if so, to what degree their influence on the 

stiff device geometries results in a detrimental flow measurement value. 

The entire underlying mechanism is not yet defined, and only once this 

is understood, the device and the electronics can be improved. 
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1.5 Outline of work 

In order to isolate the acoustic effects in the system, hybrid computa- 

tional aeroacoustic methods based on a perturbation ansatz are applied 

[3]. This allows the separation of the hydrodynamic and acoustic pres 

sures in the device, which is near to impossible to achieve through con 

ventional measurement methods. The following chapter will focus on 

the derivation of the acoustic analogy used in the computational method 

such that the elemental physics may be well understood. Chapter 3 will 

provide a description of the numerical models deployed in the hybrid 

numerical method, followed by chapter 4, in which the consequential nu 

merical results are presented. These include the fluid dynamic, aero- 

and vibroacoustic findings. The verification of the mechanical simula- 

tion output using measurements on a gas calibration rig with a laser 

vibrometer is provided in chapter 5, supplementary to further numerical 

verifications of the simulation method. Through a detailed analysis of 

the pressure distributions and mechanical displacements in the frequency 

domain, an increased understanding of the source of the errors is achieved 

and detailed in chapter 6. This allows the identification of optimization 

techniques to improve the system, which are discussed and verified in the 

final chapter. The thesis concludes with a summary of the work and an 

outlook to future possibilities. 
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CHAPTER 2 

  

Computational Aero- and Vibroacoustics 

  

There are several difficulties surrounding in-duct source identification 

methods. The sound source is aeroacoustic, which does not allow mea 

surement of the surface velocity using a laser vibrometer or accelerometer. 

Due to the presence of the flow, a measured acoustic pressure signal is 

corrupted by the flow generated pressures, pseudo sound and external 

sources [33]. Measurements with a microphone array may be corrupted 
by sound produced by other components in the system such as pumps 

and valves. Thus for investigation of the acoustics in the near-field, com- 

putational aeroacoustics is a useful tool to identify pure acoustic effects 

without the superposition of the large scale hydrodynamic field. In or- 

der to achieve this certain aeroacoustical methods need to be applied, as 

introduced in the previous chapter. First the equations of general fluid 

mechanics will be introduced, followed by their use to derive the acoustic 

analogies. This produces a relation between the flow and acoustic quan- 

tities and allows an aeroacoustic analysis. The analysis will be extended 
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to vibroacoustics using direct mechanical acoustic coupling. 

2.1 Equations of fluid mechanics and the general wave equation 

Three components are required for an aeroacoustic formulation: a de 

scription of the flow field, a description of the acoustic field and a cou- 

pling between the two. The basic equations for these scientific descrip- 

tions originate from the conservation laws of mass, momentum, energy 

and state. These basic laws are used to build the general wave equation, 

which is further used in the aeroacoustic computations. 

The first conservation law states that the total mass of the fluid does 

not change in time and is conserved within the fluid motion. The mass 

of a system cannot be created or destroyed. The Eulerian form of the 

conservation of mass is defined using the density and reads as 

Op 
dt +V- (pu) 0, (2.1) 

in which p denotes the density ofthe medium and u the flow velocity field. 

The equation of momentum conservation is related to Newtons second 

law, stating that momentum can only be changed within a system due to 

the action of external forces. For fluid applications this law is given as 

Opu 
a rV pu@u) -Vp+V:.tr+f (2.2) 

where T is the viscous stress tensor and f is any force field density acting 

on the fluid. An alternative form of (2.2) often used in the description of 
momentum conservation may be written as 

0 
%+V-(pu®u+pI—T) f. (2.3) 

In this description I is the identity tensor of the third dimension, with 

the momentum flux tensor 

T pu®ßu+plI-T. (2.4) 
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Similar to the first two conservation laws, the conservation of energy 

law states that energy can neither be created or destroyed, but is instead 

transformed to other forms. The description in terms of internal energy 

in the final Eulerian form is described as the change in heat and change 

of work 

pg—i V. (kVT)+ V- (TU) —u- (V-T) (2.5) 

in which e is the total internal energy and k£ the thermal conductivity 

obtained from the heat flux. Equation (2.5) makes use of the substantial 
derivative I, which will be used frequently in the aeroacoustic descrip 

tions and is defined as the rate of change of a quantity subjected to a 

space-and-time dependant velocity field 

D 0 
Dt H +u- V. (2.6) 

In the case of non viscous problems, the dynamic viscosity tends to zero 

and the Reynolds number becomes infinite. Thereby all viscosity related 

terms in the momentum and energy conservation equations become zero 

11]. If additionally all external sources are neglected one can give the 
reduced Euler equations based on simplifications of (2.1), (2.2) and (2.5), 
again making use of the substantial derivative: 

Dp 
Di +p(V-u) 0 (2.7) 

Mo (2.8) 
p Dt p ¢ 

D pFi +o(V-u) V-(kVT). (2.9) 

The final law, for conservation of state, can be defined in case of a 

perfect gas with constant temperature and entropy as 

  (2.10) 
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in which v gives the specific heat ratio defined by the specific heat con- 

stants for pressure and volume, v ¢,/c, 1.4 for air. Using this law, 

(2.9) may be written in terms of the pressure 

Dp L apVu  (y— V- (VT) (2.11) 

In order to come from the descriptions of the fluid field to the general 

wave equations, the Fuler equations need to be linearized [28]. These 

linearized equations can be obtained by splitting the flow field variables, 

p, p and u, into mean and fluctuating components with 

p=p+pip=p+p;u u+u. 

The overlined quantities refer to the temporal mean field whereas the 

prime variables are the fluctuating components. Application of this split- 

ting to the set of Euler equations above with u 0, a constant density 

P Po const [28] and additionally assuming that the pertubations 

are small enough to justify a linearization we obtain the conservation 

equations of linear acoustics 

    

  

u O, 2.12 
c2 po ot rvu 0 

OU, 
Po, +VPa 0 (2.13) 

in terms of the acoustic pressure and particle velocity quantities pa 

and u, for a homoentropic medium where p’  ¢3p’. Eliminating the 
acoustic particle velocity yields the general wave equation in its pressure 

formulation |28] 

0. (2.14) 
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2.2 Aeroacoustic Equations 

The coupling between the acoustic and flow fields was first presented 

by M.J. Lighthill. Lighthill extended on the general wave equation and 

formulated the science of how sound is created, see [34] and [35]. Sound is 
a linear mechanical vibration of a medium and can be described in terms 

of any one of several variables, including pressure and density fluctuaions, 

and originates from a specific source. What is regarded as the source 

obviously depends on the choice of variable. Lighthill worked primarily 

with the density fluctuation because of the central part compressibility 

plays in sound. 

Lighthill’s acoustic analogy states that any fluctuating density field in 

a real medium, either fluid or solid, can be regarded as a superposition 

of quadrupole driven sound waves, with the strength of the quadrupole 

needed per unit volume being the Lighthill tensor 7’; rr |36]. This idea can 
be applied for example to the turbulences in a fluid flow. Considering 

the conservation of momentum from (2.2) neglecting any forces f, we 

rearrange the terms to one side 

dpu 
W+V-(pu®u)+Vp—VT 0. (2.15) 

When the considered fluid is at rest, such that there are no turbu- 

lences or density fluctuations, and the viscous effects are neglected the 

description becomes 

Opu 
ot 

The difference between these two cases is simply the stress distribution 

+ciVp ©. (2.16) 

ICH, 

V-(pu®u) +Vp-Vr-c&Vp V-Tıx, (2.17) 

which is called the Lighthill stress tensor. It is now asserted that the 

sound generated by the turbulence in the real fluid is exactly equivalent 

to that produced in the ideal, stationary acoustic medium forced by the 
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above stress distribution [37]. The application of (2.17) as a source to 
(2.16) gives 

Ipu 

ot 

By further taking the divergence of the above equation and using the 

conservation of mass (2.1), an inhomogeneous wave equation describing 

the radiated sound field of a turbulent flow region into a medium at rest 

is obtained 

+ cVp —V TH: (2.18) 

IP_ an a Ar V-(V - Tin), (2.19) 

or in pressure form 

1 ö°p 
— — — A -(V- Tin): 2.2 

Lighthills equation is the very first aeroacoustic analogy which takes 

the sound sources from the fluid flow and applies them to an acoustic 

description. By solving the partial differential equation, and applying the 

correct boundary conditions on the solid bodies present, all sound sources 

are considered. This has been investigated in various studies, for example 

by Gloerfelt [38] who has shown that the surface distribution of dipoles 
from other acoustic analogies which specifically specify the solid surfaces 

in the aeroacoustic equations, in this case Curle’s analogy, is equivalent 

to the scattering of sound waves generated by the volume distribution 

of quadrupoles by the rigid surface as defined by Lighthill. There are 

two simplifications to (2.20). The first neglects viscous dissipation and 

assumes the Lighthill source is obtained by an incompressible, low Mach 

number simulation and the main source of sound is vortex born. In this 

case the Lighthill tensor may be approximated by 

Tiu = pou ® u. (2.21) 

The second simplification holds for incompressible flows where the di- 

vergance of the velocity field is zero, the density can be assumed as con- 
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stant and the incompressible pressure p;. is substituted 

V : V : TLH = Apic- (2.22) 

Using this incompressible form of the Lighthill equation, 

1 8°» 

ca 01? 

we can use the splitting technique to separate the Auctuating pressure p’ 

into its incompressible and acoustic components P Pic + Pa, giving 

1 O° Pic + Pa 

17 

After simplifying we arrive at the aeroacoustic wave equation 

u A(Pie + Pa) —AÄDpic: (2.24) 

1 O° pie 

ca 9? Apa a 92 12.25) 

which serves as a good estimation of the acoustic pressure in a fluid, 

while neglecting the mean flow. This aeroacoustic formulation can also 

be derived using the acoustic pertubation equations (APE). Although 

this equation clearly describes physically correct wave propagation, it 

has two flaws. Firstly, it neglects the mean flow field and secondly, the 

source term involves the second time derivative of the fluid pressure whose 

computation is very sensitive to numerical noise in the given flow field 

[3]. To overcome this drawback, Hüppe [3] has used the scalar acoustic 
potential using the identity u  -Vy,. Using this relation results in 

the convected wave equation with an incompressible source term which 

considers the mean flow of the fluid 

    
D? op, 1 Dpie Yp — V.Vos I p . 2.26 
Dt? c} Dt 12.26) 

With this convected wave equation, and since the acoustic and hydro 

dynamic quantities have been separated, it is now possible to use the 

incompressible pressure and mean flow field results from a fluid dynamic 
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analysis to resolve the acoustic nature of the system. 

2.3 Mechanic-Acoustic Coupling 

For a full vibroacoustic analysis, a mechanical field needs to be intro- 

duced. The mechanical field is described according to the partial differ- 

ential equation of form [32] 

p— — B'o £, (2.27) 

which originates from the conservation of momentum. Here u is the 

displacement, B is the differential operator in Voigt notation and f, is 

any external force acting on the system, usually set to zero. The acoustic 

field p,. can be described using the wave equation, here also considering 

an acoustic source F' 

1 ö°p, 
ca 812 

To solve such a multiphysics system involving both mechanical and 

acoustic descriptions, the coupling of the two fields needs to be con- 

structed. For the case of a vibroacoustic system, the coupling ensures 

the continuity of velocities and pressure forces at the fluid-solid bound- 

ary. The continuity of velocities holds for the normal components of the 

mechanical and particle velocities, vm and v, respectively, at the bound 

ary surface [32] 

  -Apı FE. (2.28) 

Vm-va)n 0. (2.29) 

By taking the time derivative 

m ov, 

ot ot 

and using the equation of linear momentum, fo N 2 —Vp,, the first 

coupling condition between the acoustic pressure and mechanical dis 

  )n 0, (2.30) 
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placement is obtained 

u Op, 

Pe” on 

with the mechanical displacement u substituted for du/öt vm- The 
second coupling condition using the continuity of pressure is much sim 

pler, with the normal component of acoustic pressure on the solid directly 

equal to the resulting surface pressure force in the same direction [32] 

  (2.31) 

On Pan. (2.32) 

With application of test functions & and ® and the coupling conditions 

(2.31) and (2.32), the two partial differential equations (2.27) and (2.28) 
can be written in the final weak formulation for the finite element analysis 

in terms of the acoustic pressure p, and u 

IK, a. ran+ | (Ba)'[c|(Bu)dQ+ / a-np,dT = | a-f,dQ, (2.33) 

1 2 
0 — O“ Pa 

| VoVp.dN -— Js ndl = Lore. (2.34) 
0 CO 8 

Performing the space discretization by finite elements, results 

M, 0 ü Kı Kıp\ fu f, 

() () (0 W) G) () ew 
This matrix system contains two equations for two unknowns across both 

physic domains, and thus achieves a full vibroacoustic description of the 

solution. For more detail see [32]. 
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CHAPTER 3 

  

Numerical Models and Simulation 

  

The computational aero and vibroacoustic methods described in chapter 

2 are now applied on dual-channel mass flow devices in order to identify 

the main acoustic source regions and to quantify the effect of the produced 

acoustic pressures on the mechanical ducts. First the geometrical models 

relevant for the investigation will be introduced, followed by details on 

the numerical fluid dynamic and vibroacoustic simulation setups, which 

produce the best results for investigations on multi channel duct systems. 

3.1 Geometrical Models 

In order to obtain a broad understanding of the aeroacoustic effects in 

dual-channel mass flow meters, three different constructions are consid- 

ered. All constructions have a nominal diameter of 50mm at the inlet 

and outlet ducts, are built using the same stainless steel materials and are 

analysed when transporting air with 10 bar at room temperature. The 
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parallel measuring tubes are all of the same inner diameter 26mm with 

a wall thickness of 1.5mm. Differences, however, can be found in the 

length and shape of the two parallel measuring ducts, as seen in figure 

3.1. 

  

a) Compact design b) High design c) Low design 

Figure 3.1: The three flow meter designs used for the aeroacoustic analy- 

sis a) compact design, b) high design and c) low design with 

marked monitoring points at the sensors (blue) and at the 
driver (red). 

The measuring ducts in the first construction, labeled compact, form a 

flatter and smoother arch with continual radii bends. The high variant 

is constructed with more elevated u shaped measuring ducts containing 

sharper bends. The low variant is similar in construction to the high 

variant, except that the measuring ducts form a rather smaller u arch. 

All ducts are of the same diameter and have the same wall thickness; the 

measuring ducts however differ in their total length and height as listed 

in table 3.1 below. 

Table 3.1: Comparison of the total length and height of the measuring 

tubes of different devices. 

| Total length Height 

Compact 615 mm 106 mm 

High 870 mm 258 mm 

Low 1765 mm 219 mm 
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The points of interest, marked with an X in figure 3.1, are assigned 

as monitoring points. These are placed on both measuring ducts at the 

sensor inlet position, sensor outlet position and at the center driver. An 

additional monitoring point is also placed at the flow splitter outlet. 

In addition to the differing measuring tube forms, the three construc- 

tions also differ in the contours of the flow splitters. Cross-sections 

through the flow splitter geometries are shown in figure 3.2. The flow 

splitter is the geometrical component in the device which divides the 

flow from the inlet duct into two separate flows in the measuring tubes, 

and subsequently joins the two flows again before the outlet duct. The 

flow splitter of the compact variant is very rounded, while the high and 

low variants have a nose between the two ducts with similar expansion 

or contractions profiles. The diameters of the measuring ducts and the 

process line duct diameter, D, are constant for all models. The low vari 

ant flow splitter has more mass on the underside of the splitter than the 

other two designs. 

   
a) Compact design b) High design c) Low design 

Figure 3.2: Side cut-view of the flow splitters from the a) compact design, 

b) high design and c) low design. 

The devices are modelled from inlet flange to outlet flange, with the 

fluid region extending 5D and 15D further up and downstream from the 

inlet and outlet, respectively. The outer mechanical housing, electronics 
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as well as the sensor and driver components as displayed in figure 1.1 are 

assumed to have a negligable effect on the aeroacoustic system and are 

not included in the numerical models. 

3.2 Fluid Dynamic Simulation 

The initial step in the hybrid method depicted in the flowchart of figure 

1.6, is a fully turbulent and transient simulation of the fluid mechanics.In 

order to be able to solve (2.26), this means an incompressible simulation. 
For this purpose, the internal volume of the device geometries described 

above is extracted using a CAD modeller to form the fluid body. As 

mentioned above, the inlet and outlet ends are extended beyond the 

flanges to allow investigation of the flow regions before and after the 

devices. The three resulting fluid regions derived from the mechanical 

geometries are shown in figure 3.3. The fluid modeling and simulation 

is conducted using StarCCM-+ V9.02.007 double precision software. All 

boundaries, where a duct geometry would be present, are set as walls, 

except for the velocity inlet and pressure outlet set at the appropriate 

duct ends. 

a) Compact design b) High design c) Low design 

Figure 3.3: The extracted and extended fluid regions for the fluid dy- 

namic simulation of the three constructions. 

It is important to have both an adequate mesh and time step size, h 

and At respectively, not only for a good convergence of the solution but 
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such that the required frequency domain is obtained to the appropriate 

resolution. This can be defined using the maximum desired frequency 

fmax and the corresponding minimum wavelength Amin 

  

  

1 
At ~ 3.1 of 13-1) 

Amin 
h ~ . 2 

20 (3.2) 

The fluid region was meshed using polyhedral elements of base size 

1.5 mm to 3mm, depending on the Reynolds number of the flow. The use 

of polyhedral elements greatly accelerated solution convergence compared 

to hexahedral elements. Seven boundary layer elements were defined 

along the duct walls, and a 50% mesh refinement was applied over the 

device domain between the flanges. A y+ value around 30 was ensured 

and an all y+ wall treatment model in StarCCM+ was applied. Figure 

3.4 shows an example of the mesh with the compact design for a low 

Reynolds number. Due to the large model and small element sizes, the 

representation has been separated into the middle and end regions. The 

chosen mesh size allows a wavelength resolution of up to 30 mm, which is 

more than adequate for this investigation. The mesh has been extended 

with the element size stretched at the inlet and outlet of the fluid region, 

also shown in figure 3.4. This deems important for the degradation of 

energy leaving the system, and aids against any additional reflections 

at the inlet and outlet boundaries which would overlay the true results. 

The meshes contain between one and three million cells depending on the 

geometry and simulated Reynolds number. The time step for the solver is 

set between 15 us and 10 us depending on the Reynolds number and mesh 

resolution. This enables a subsequent acoustic analysis of frequencies up 

to 3000 Hz. 

The velocity inlet and pressure outlet are adequate boundaries for an 

incompressible simulation, since there are no compressible pressures to be 

reflected back into the system. In compressible simulations, free stream 

boundaries offered in StarCCM+ should be used to reduce these reflec- 

tions, at least in one dimension. Additionally, as mentioned before, the 
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mesh size should be gradually increased towards the inlet and outlet to 

diminish the energy fluctuations leaving the system. The velocity inlet 

is initialized using an axi-symmetric, fully developed velocity profile for 

each analyzed flow rate obtained from previous periodic simulation runs 

on the inlet diameter. 

  

Figure 3.4: An example of the mesh used in the fluid dynamic models 

with a refinement on the measuring ducts (top) and element 
extensions at the inlet and outlet ducts (bottom). 

With this setup, an initial steady simulation was run for 2500 time 

steps, from which the sequential transient Detached Eddy Simulation 

is initialized. The formulation option is set as delayed detached eddy, 

which shows improvement of the transition from RANS to LES models 

independant of grid spacing. An implicity unsteady method has been 

applied for the increased stability range and for the improved perfor 

mance by unsteady problems, at second order for higher accuracy [40]. 
A coupled solver is used for its robustness in high velocity flows on a 

fine mesh with dominant source terms [41]. If convergance problems 
were encountered then the k omega turbulence and k omega turbulent 

viscosity under relaxation factors were lowered. The W cycle was cho 

sen for the Algebraic Multi Grid (AMG) linear solver which improves 
results in stiff systems by using coarse relaxation sweeps. The group 

size for the cycling was set to eight. This sets the number of equations 
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on a given multigrid level that are agglomerated to form one equation 

on the next coarsest level [40]. A large group size was chosen consid 

ering previous studies which have shown that smaller group sizes tend 

to overestimate the peaks in pressure amplitudes. The incompressible 

transient simulation required a run time of 0.3s before the solution sta 

bilized. Conclusively the transient simulation was run for a further 0.1s, 

with the incompressible pressure read out over the entire volume mesh 

at each time step. Additionally, the incompressible pressure over time 

was recorded at all monitoring points marked with an X in figure 3.1. 

Finally the mean velocity field for the final time period was calculated 

and recorded. All the data was saved as an Ensight case file for each 

geometry at four different Reynolds numbers ranging between 0.7 million 

and 1.8 million, corresponding to a Mach number between 0.06 and 0.15 

in the process line, and between 0.1 and 0.28 in the smaller measurement 

ducts. The CFD simulations were completed using a StarCCM+ student 

license on the vienna scientific cluster. 

3.3 Acoustic-Mechanical Simulation 

The stored data from the fluid dynamic simulations is then used to cal- 

culate the acoustic source terms on the right hand side of (2.26). The 

source terms are then interpolated on to a vibroacoustic mesh according 

to the workflow in figure 1.6. The convective wave equation according 

to (2.26) may now be solved for each time step. The vibroacoustic simu 

lation was conducted using the multiphysics software CFS++ [32]. The 
vibroacoustic mesh contains both acoustic and mechanical regions, and 

allows a much larger element size for an adequete solution accuracy since 

the wavelengths and displacement amplitudes are of a larger scale, see 

figure 3.5. The mesh contains between 100’000 and 300’000 hexahedral 

elements and it must be assured that even in intricate regions of the ge 

ometries the new mesh elements are larger in size than the corresponding 

CFD elements. This is important for the interpolation method of the 

source term values between the meshes. Furthermore, two additional re 

gions need to be defined at the inlet and outlet of the acoustic region, 
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which will serve as non-reflective boundary regions. Since such bound- 

aries may be defined in the acoustic anaylsis, there is no longer need 

to extend the mesh and stretch the element size at the inlet and oulet 

ducts. These regions are meshed using the same element size as in the 

acoustic region with a minimum of four layers in the main direction of 

propagation. 

Mechanics 

    PML Acoustics PML 

Figure 3.5: An example of the vibroacoustic mesh of the compact geom 

etry with acoustic, mechanical and boundary regions. 

The boundary conditions in the acoustic simulation have a large influ- 

ence on the accuracy of the results. Reflections of the acoustic waves at 

the duct inlet and outlet boundaries need to be adressed to avoid a falsi 

fication of the results. In the real world, the acoustic waves present in the 

line would eventually be reflected at an obstruction or bend in the duct 

network, but this is unpredictable and inconsistant between application 

setups. Any reflections within the duct network will thus be negelected 

in this work. The inlet and outlet boundaries are modelled such that the 

duct is numerically infinite. The use of homogeneous Dirichlet (p, 0) 

or Neumann (Op,./On 0) boundary conditions would result in total 
reflection. Thus two main acoustic boundary conditions have been de- 

fined to prevent this: absorbing boundary conditions (ABC) or perfectly 

matched layers (PML). 
Absorbing boundary conditions [32] allow the acoustic waves to pass 

through the boundary in only one direction. The waves exit the system, 

and then are not allowed to re enter the computational domain, see the 

top of figure 3.6 for a depiction of this boundary. This is achieved by 

introducing the following condition 
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(ren) ton 

Waves travelling in the positive x direction p,.ı(z,t) pe!) will 

be allowed to pass through since condition (3.3) is satisfied 

0. (3.3) 

(rem jap") + c(-jk)wppe "9 0. (3.4) 

However, waves travelling in the negative x direction pa, _(x,t) per"!+r®) 

will be reflected, because condition (3.3) is no longer satisfied 

2 + en, joe" hr) + cGk)uompei "Hr 70. (3.5) 
ot 0X 

This boundary condition can be extended into three dimensions, however 

it is only ideal if all the waves impinge orthogonal to the boundary. Oth 

erwise, part of the wave will be absorbed and part reflected back into the 

system. 

An improved technique for acoustic boundaries is the perfectly matched 

layer condition [39]. Here, an additional region is introduced surrounding 
the system boundary which works as a damping region, also pictured in 

figure 3.6. The interface between the layers is constructed such that the 

acoustic impedances Z, of the neighbouring regions are exactly matched, 

which ensures there are no reflections at the interface between the layers. 

In the perfectly matched layer region, a damping function o is applied 

Dgel(@t ke) pyel\wt=kr) .-kor (3.6) 

such that the acoustic wave is fully diminished as it leaves the system. 

This technique performs well in three dimensions with individual consid 

erations in each direction, and thus can also be used in cases involving 

oblique waves at the boundary. It is the PML technique that is applied 

here; a visualization of the boundaries used in the analysis may be found 
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Figure 3.6: Visual representation of the ABC (top) and PML (bottom) 
boundary condition 

in figure 3.7, where the acoustic, mechanical and coupling boundary def- 

initions are shown. For the mechanical solution, fixed boundaries are 

defined at the flange surfaces, and for the coupled solution a coupling 

boundary is defined between the acoustic and mechanical regions. The 

coupling boundary is the face contact between the two regions at the 

inner surface of the duct. It is at this boundary that the direct coupling 

matrix (2.35) from section 2.3 is applied. 
The number of solution steps as well as the time step are equal to that 

in the fluid dynamic simulation. A global factor was used to introduce 

the acoustic source terms to the numerical simulation for the first time 

steps. The factor is defined as 1 — cos”(0.5w/15.10°t), which ensures 
that no acoustic shock is initialized in the system, and no overshooting 

ofthe amplitudes occur. Most settings for the numerical simulation were 

adopted from previous successful studies such as from Escobar [42] or 
Hüppe [43]. This includes a six point Gauss integration scheme and the 

use of the paridiso solver with a tolerance specification equal to le-7. 
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     Coupling 

PML 

Figure 3.7: Acoustic (red), mechanical (green) and coupling (blue) 
boundary conditions for the vibroacoustic simulation, with 

the mechanical and acoustic regions shown in grey 

The result is the acoustic pressure field within the acoustic (fluid) re- 
gion and the mechanical displacement in the mechanic (solid) region over 

time. The results can be visualized in the post processing software Par 

aview. However, interpreting the pressure and displacement fields in the 

time domain is difficult. Thus a subquential Fourier transform is per- 

formed on the pressure and displacement field data to obtain the acoustic 

pressures and mechanical displacement in the frequency domain. This is 

also done on the data from the monitoring points defined in figure 3.1. 

Additionally, a Fourier transform is conducted on the acoustic source 

term data in order to determine at what frequency the main acoustic 

sources in the fluid region occur. With the applied mesh size and time 

step a good frequency resolution could be obtained from the simulations 
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between 10 Hz and 3000 Hz, which is the required frequency domain to 

be studied for this case. In future investigations, it may be considered 

to reduce the time step size to improve the frequency resolution. The 

frequency peaks would thus be more accurately distinguishable. The me 

chanical displacement was obtained in X, Y and Z directions in the solid 

region. 

The vibroacoustic analysis was conducted both with and without the 

excited vibration of the measuring ducts at their drive mode frequency f 

as shown in figure 1.2. For the case with the additional duct vibration, a 

sinsusoidal function A sin(2r ft) was applied to the driver position of both 

measuring tubes in opposing directions. This simulated the harmonic 

movement of the ducts when driven at this natural resonance frequency. 

The amplitude A is determined such that a maximum displacement of 

6.25 um at the sensor positions is always achieved, in the case of the high 

design double the amplitude is used. Due to the different geometries, 

this amplitude as well as the drive mode frequency differs from device to 

device as listed in table 3.2 below. 

Table 3.2: Drive mode frequencies and driver excitation amplitude of the 

device designs. 

| Compact High Low 

Drive Frequency [hz] 550 280 350 
Amplitude Driver [um] 12.95 37.5 9.4 

  

The method depicted in figure 1.6 is now complete. The systems have 

been fully described at four different Reynolds numbers in terms of fluid 

dynamic, acoustic and mechanical properties. 

40



CHAPTER 4 

  

Simulation Results 

  

The numerical method from chapter three is applied for all the introduced 

device constructions at four Reynolds numbers between 0.7 million and 

1.8 million. First the results from the fluid dynamic simulations are 

presented, followed by the aero and vibroacoustic results. Included in the 

acoustic outcome is a preliminary discussion about the different methods 

and definitions investigated in order to produce an optimal output for 

the acoustic source term in this multi duct system. 

4.1 Fluid Dynamic Simulation Results 

The fluid dynamic simulation is critical for the following aeroacoustic 

analysis. If the turbulent structures are not properly resolved, or there 

are unrealistic reflections at the inlet and outlet boundaries, the acoustic 

results will be falsified. One example of important modeling consider- 

ations is the mesh element stretching at the boundaries as discussed in 
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chapter 3. Figure 4.1 displays a comparison of the pressure levels at the 

driver monitoring point X3 (defined in figure 3.1) in the compact device 
for two differently modeled cases at a Reynolds number of 0.7 million. In 

the first case, mesh element stretching at the inlet and outlet boundaries 

was not applied and reflections of the fluctuations back into the system 

cause the pressure amplitudes to be overestimated. In the second case, 

mesh element stretching was applied at both boundaries and the pressure 

amplitudes improve. The peak in amplitude just above 100 Hz is proba 

bly the acoustic resonance of the entire tube length according to (1.11) 
since the smaller frequencies with larger wavelengths are not degraded as 

efficiently by the mesh stretching. 

Figure 4.1: A comparison of the pressure levels in two compressible simu 

lations of the compact design where mesh element stretching 

at the inlet and outlet boundaries was and was not imple 

mented. 

In all following simulations the mesh element size has thus been stretched 

over ten layers at the inlet and outlet boundaries, with the element size 

increasing hyperbolically as seen in the bottom of figure 3.4. In order 

to further authenticate, if the fluid simulations produce feasible results, 
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both compressible and incompressible simulations have been conducted 

with the same mesh. The pressure at the monitoring points X on the 

compact design from figure 3.1 were again monitored for the entire simu- 

lation run. Subsequently a Fourier transform was conducted on the data 

and the results from the two cases were plotted on the same axes, see 

figure 4.2. The simulations were run for all Reynolds numbers; only the 

results for a Reynolds number of 0.7 million and at point X1 are shown 

in figure 4.2. 

  

Figure 4.2: Comparison of the pressure level at monitoring point X1 in 

the compact design for a compressible and incompressible 

fluid simulation at a Reynolds number of 0.7 million. 

The pressure level in the compressible simulation is observed to be 

slightly higher than that in the incompressible simulation. The com 

pressible results also contain more peaks in the amplitude across the 

calculated frequency range, which is expected. The compressible model 

contains both acoustic and hydrodynamic pressures, while the incom 

pressible model contains only the fluid pressure. The difference between 

the two plots lies thus in the acoustics. At lower frequencies the peaks 

in the amplitude are larger for the incompressible simulation than for 

43



4 Simulation Results 
  

the compressible simulation. This can be attributed to increased reflec- 

tions at the boundaries in the incompressible simulation case relating to 

an acoustic resonance of 50 Hz. Although the same mesh was used for 

both cases, free stream boundary conditions are only available for the 

compressible simulations in StarCCM+-. The free stream boundary con 

ditions are advantageous in that they are non-reflecting in the direction 

perpendicular to the flow, and thus handle the reflections at the bound- 

aries more successfully than the velocity inlet and pressure outlet defined 

in the incompressible simulation. This must be taken into consideration 

when evaluating the ensuing acoustic results from the incompressible sim 

ulations, however at the moment this cannot be further optimized. 

The fluid dynamic simulation was completed for all three constructions 

at Reynolds numbers 0.7 , 1.1 , 1.4 and 1.8 million. The most turbulent 

areas in the flow can be visualized using the Q-Criterion, as seen in figure 

4.3 for the compact geometry at the highest Reynolds number. The main 

turbulent areas in all geometries occur at the outlet flow diverter, as well 

as at the inlet and bends. The highest turbulent area, for all cases and 

all Reynolds numbers occurs just behind the flow diverter at the device 

outlet where the two flows from the measuring tubes are joined. A large 

separation region is formed here along with many eddies. 

Q-Criterion (/s/2) 
)00e+ 06 1.0000e+ 06 000+ 0 000+ N af NOO+07 2 0000+ 

VUUUVe+UV/ =1.2000e+ 0/ —4.0C e+ U6 4.00 + U6 1.2000e+ U/ 2. 0000e+ U/ 

Figure 4.3: A visualisation of the turbulent areas in the compact geometry 

at a Reynolds number of 1.8 million using the Q Citerion. 

The magnitude of the mean velocity in the compact device is shown in 

figure 4.4, with large velocity gradients at the flow diverters and also at 

the bends in the measuring tubes.The location of the main turbulences 
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in the three geometries is quite constant over all designs and Reynolds 

numbers. Since it is in these turbulent regions that the most pressure 

fluctuations occur, it is assumed that the main acoustic source also occurs 

in these regions. This can be confirmed by the following acoustic analysis. 

  

Velocity: Magnitude (m/s) 
0.4 29.9 59.4 39 118 148 C 

<> o 

Figure 4.4: The velocity field in the compact geometry at the highest 

Reynolds number of 1.8 million at the end time step. 

4.2 Vibroacoustic Simulation Results 

4.2.1 Comparison of numerical approaches 

The acoustic source term on the right hand side of Lighthills equation may 

be calculated in the interpolation script from data obtained in the fluid 

computation in different forms. If we use the incompressible case, then 

the most basic data set of the pressure and the mean velocity over time 

is used to calculate the acoustic source term as in (2.25). Additionally, 
the Laplace of the incompressible pressure may be read directly out from 

the fluid simulation and used to solve (2.23). Thus, the source term may 
also be partially computed in the fluid simulation before the interpolation 

script is executed, which also holds for compressible simulation cases. For 

example, the Laplace of the Lighthill tensor or similarly the divergence of 

the Lighthill tensor may be read out of the fluid simulation and used to 

solve (2.20). Theses options, using the direct incompressible pressure, the 

Laplace of the incompressible pressure and the divergence of the Lighthill 

tensor, were analysed for the compact geometry at monitoring point X1 
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for a Reynolds number of 0.7 million. The resulting acoustic pressures 

from the subsequent acoustic simulations are plotted for each case in 

figure 4.5 in the frequency domain. Please note that the plot describing 

the divergence of the Lighthill tensor lies directly beneath the plot for 

the Laplace of the incompressible pressure. 

  

Figure 4.5: Comparison of the sound pressure level obtained in the three 

different source term computation cases: using the Laplace of 

the incompressible pressure, the second time derivative of the 

incompressible pressure, and the divergence of the Lighthill 

tensor directly from the CFD data. 

The plots of the three cases reveal a similar behaviour of the acoustic 

pressure result over frequency, with amplitude peaks occurring mostly 

at the same frequencies. However, there is an overall amplitude ofl- 

set between the different cases. Where the divergence of the Lighthill 

tensor was calculated in the fluid simulation software, the amplitude of 

the acoustic result is larger than expected from the results of the fluid 

computation in figure 4.2. This is also the case for the Laplace of the 

incompressible pressure calculated in the CFD software. The root cause 

of these oflsets may lie in how the Lighthill tensor, and the divergence or 
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Laplace thereof, is calculated in StarCCM+. For incompressible flows, 

the calculation of Lighthills tensor is simplified to (2.26). In StarCCM+, 
however, the full Lighthill tensor according to (2.19) is still calculated, 
which may produce an offset. This also disregards the splitting of the 

acoustic and hydrodynamic pressure fluctuations such that the result is a 

superposition of the two pressure quantities. Furthermore, the gradient 

calculations in StarCCM+ differ to those in the source term calculations 

in the interpolation script. For the calculation of gradients in StarCCM+ 

a cell based least squares algorithm is used and at the boundaries zero 

order extrapolation is applied. This handling is different than that in the 

interpolation script, where the boundary elements are neglected. An ad 

ditional possible discrepancy may originate from the interpolation on to 

the acoustic mesh. At certain regions in the geometry, where the acoustic 

mesh needs to be finer in order to properly resolve the geometry, such as 

by the intricate flow diverters, the acoustic mesh elements may not be 

appropriately larger than the fluid dynamic elements. Thus overlapping 

may occur. This would result in numerical errors when applied in the 

interpolation script, the extent of which is dependent on the source term 

form being interpolated. For the purpose of this investigation, using the 

pure incompressible pressure data from the fluid simulation with a subse- 

quent second temporal derivation with respect to time achieved the most 

accurate results, since the full source term calculation was conducted 

manually in the interpolation script with no unwanted extra terms. The 

pressure amplitudes obtained with this method also correlated well with 

the fluid dynamic results seen in figure 4.2. It is thus this method which 

is used for the vibroacoustic analysis in this work. 

4.2.2 Final vibroacoustic results 

The interpolation of the acoustic source terms on to the vibroacoustic 

mesh produces the sound source over time. When this result is viewed in 

the frequency domain, the frequency content of the acoustic source and 

its main location may be identified. Using the post processing software 

Paraview, the acoustic source is displayed over the volume mesh at the 

lowest and highest Reynolds numbers. For a fair comparison, the source 
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is viewed at the frequency 550 Hz (drive frequency for the compact device) 

in all three devices, see figure 4.6. 
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Figure 4.6: Acoustic source for the lowest and highest Reynolds numbers 

in all device geometries at 550 Hz. 
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The largest acoustic source is located at the outlet side after the flow di- 

verter for all Reynolds numbers, geometries and also all frequencies in the 

studied range. The largest turbulence area identified in the fluid dynamic 

simulations thus corresponds to the largest acoustic source. Since this is 

true for all frequencies, the source is probably of a broadband nature. At 

a frequency of 550 Hz in figure 4.6, the amplitude of the acoustic source is 

comparable in all three devices over the Reynolds number range, with no 

device showing a much larger or smaller sound source. The nature of the 

turbulence is different for the three geometries due to differences in the 
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duct and flow diverter shape. This is reflected in the acoustic source. The 

amplitude of the source is similar through the devices, but the volume 

content differs. The low design has a larger volume source due to the 

increased turbulence in this device. The high and compact devices are 

similar, but the acoustic source is located closer to the duct walls in the 

compact device. This again lies in the nature of the turbulence, and the 

separation regions at this position in the three devices. The amplitude 

of the sound source increase approximately four times from a Reynolds 

number of 0.7 million to a Reynolds number of 1.8 million, when observ 

ing this particular frequency. It is however not so by every frequency in 

the studied range. At certain frequencies the acoustic source may even be 

larger at smaller Reynolds numbers. This phenomenon will be discussed 

in detail later, and again in chapter 6. 

At the same Reynolds number, differences in the acoustic source can 

be observed across the frequency range. For example in figure 4.7 the 

acoustic source at three difference frequencies in the compact device are 

pictured, all at a Reynolds number of 0.7 million. It is observed that 

although the amplitude of the source is similar, again the volume con 

tent changes. This change is not linear with frequency, but it is larger at 

certain frequencies and smaller at others. This behaviour is also depen 

dent on the frequency content of the turbulence in the ducts and will be 

extended upon in chapter 6. 

Smaller sound source contributions can also be identified at the inlet, 

as well as at the radial bends in the measuring tubes. The magnitude of 

these sources is about ten times smaller than that of the source located 

at the outlet, see figure 4.8 for a direct comparison in the compact de 

vice. The inlet sound source increases in magnitude relative to the outlet 

source with increasing Reynolds number, such that the inlet source be 

comes more prominent with higher flow rates. This is probably due to 

the increased force on the surface of the inlet flow diverter when the flow 

is split. The acoustic source in the bends is more erratic. At certain fre 

quencies it becomes more prominent, at others it decreases significantly, 

but it remains ten times smaller than the outlet source, or smaller. This 

behaviour is seen in all devices. 

The influence of the inlet flow profile on the location of the turbulences 
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Figure 4.7: Comparison of the acoustic source at three different frequen- 

cies in the compact geometry at a Reynolds number of 0.7 

million. 

is also investigated. Simulations were run at all Reynolds numbers ad 

ditionally with various non-axisymmetric inlet profiles. The profiles, for 

the cases simulated in the compact design, did not have an impact on the 

sound source location or amplitude. 

Using the acoustic source data, a vibroacoustic simulation solving (2.26) 

and considering the coupling matrix (2.35) may now be completed. The 

result is the acoustic pressure in the fluid region and the mechanical dis- 

placement in the solid region over time. Firstly, the acoustic pressure is 

investigated at the monitoring points X named in figure 3.1. Three sound 

pressure level plots at monitoring point X1 at the inlet sensor on one of 

the smaller parallel ducts for all four Reynolds numbers can be seen in 

figure 4.9 for the three device geometries marked compact, high and low. 

In general, the sound pressure level increases with Reynolds number, 

but a clear pattern in the amplitudes can also be identified in the indi- 

vidual geometries. The peaks in the sound pressure level occur at the 

same frequency for all four Reynolds numbers simulated. However, the 

position of these peaks in the frequency spectrum are not the same for 

each geometry. For example, in the compact geometry clear peaks in the 

amplitude below 1000 Hz are visible at 270 Hz, 550 Hz and 820 Hz for all 
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Figure 4.8: The acoustic source at the inlet and bends is about ten times 

smaller than the acoustic source at the outlet in the compact 

device. 

Reynolds numbers and are marked in figure 4.9 with dashed lines. In the 

high geometry peaks are present at 145 Hz, 390 Hz and 585 Hz. While in 

the low geometry, peaks are visible at 215 Hz, 430 Hz and 645 Hz. The 

pattern continues above 1000Hz for the whole simulated range. Less 

prominent peaks in the amplitudes are also noticeable across the fre 

quency domain, between the other major peaks. These mostly occur at 

the same frequencies for all Reynolds numbers, but also differ from device 

to device. 

In some instances the amplitude of a certain peak is higher for a lower 

Reynolds number than for a higher Reynolds number. For example, in the 

compact geometry all the sound pressure levels plots increase clearly in 

amplitude for increasing Reynolds numbers. However, in the high and low 

geometries, although in general the amplitude increases with Reynolds 

number, certain frequency peaks show a different behaviour. This can be 

observed in figure 4.9 when observing the plots for Reynolds numbers 1.4 

and 1.8 million. 
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Figure 4.9: Sound pressure level at monitoring point X1 for four different 

Reynolds number in the three device geometries. 
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In the high geometry, the peaks in amplitude at frequencies 450 Hz, 

480 Hz, 850 Hz and 1750 Hz, for example of few, are larger for a Reynolds 

number of 1.4 million than those for 1.8 million. In the low geometry 

the amplitude of the peaks at 180 Hz, 260 Hz, 430 Hz and 770 Hz are also 

higher for a Reynolds number of 1.4 million than for 1.8 million. This is an 

interesting behaviour, since the acoustic source shows a similar behaviour 

over the frequency. This topic will be further discussed in chapter 6. 

  

Figure 4.10: Comparison of the sound pressure level on the inlet sensor 

monitoring point X1 between measuring tubes in the com 

pact device at Reynolds number 0.7 million. 

The acoustic pressure is also compared between the two measuring 

ducts. In figure 4.10 the sound pressure level is plotted for the inlet sensor 

monitoring point X1 on both ducts in the compact device. The sound 

pressure level is seen to be almost exactly the same in both channels. Any 

differences seen may be attributed to asymmetrical eddies and source 

terms, or perhaps asymmetry in the CFD or acoustic mesh. 

Differences can, however, be distinguished in the sound pressure level 

along the length of the smaller ducts. Figure 4.11 plots the sound pressure 

level in one of the channels of the compact device at the inlet sensor X1, 
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driver position X3 and outlet sensor X2 monitoring points. 

Figure 4.11: The sound pressure level on the inlet sensor, driver position 

and outlet sensor along one measuring tube of a compact 

device. 

At a frequency of 550 Hz the sound pressure level at the driver position 

X3 is much smaller than the sound pressure level seen at the two sensor 

positions X1 and X2. At the frequency 820 Hz, the driver position X3 

sees a larger sound pressure level than the two sensor points. This can 

be explained by looking at the volume solution in the post processing 

software Paraview in the frequency domain. In figure 4.12, for example, 

the acoustic pressure in the compact geometry at 550 Hz is pictured. For 

this frequency, peaks in the amplitude are very present at the sensor inlet 

and outlet monitoring points but diminished at the driver position. This 

can be attributed to the positions of the main acoustic pressures at this 

frequency, which are large at the inlet and outlet positions but close to 

zero at the center of the pipe. Thus, although the sound pressure levels 

tends to be identical in both measuring tubes, the distribution of the 

sound pressure along the length of the tubes is more complex depending 

on the frequency studied. This needs to be considered when studying 
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monitoring point results of the sound pressure level. 

F(pa)[Pal 
-7.0008+01 

' 50 

=25 

=0 

=.25 

[ 50 
-7.000e+01 

  

Figure 4.12: Volume representation of the acoustic pressure at 550 Hz in 

the compact geometry for a Reynolds number of 0.7 million. 

These acoustic pressures are coupled directly to the mechanics of the 

system through (2.35) for a complete vibroacoustic analysis. In this way, 

the mechanical displacements caused by the acoustic pressures in the de 

vice may be separated from the hydrodynamic influences and explicitly 

quantified. The displacements at the sensor positions X1 and X2, and the 

driver position X3 may be analysed. Plots of the total mechanical dis 

placement at the measuring point X1 in all geometries are shown in figure 

4.13. Similar to the graphs of the sound pressure levels at the inlet moni 

toring point in figure 4.9, peaks may be identified at the same frequencies 

in each geometry. The peaks once again occur at the same frequencies 

for all flow rates, but are different from device to device. Furthermore, 

larger displacements may also be identified for lower Reynolds numbers 

as in the sound pressure level results and at the same frequencies. For 

example in the high device at 450 Hz, 480 Hz, 850 Hz and 1750 Hz, and 

in the low device at 180 Hz, 260 Hz, 430 Hz and 770 Hz. 
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Figure 4.13: Total mechanical displacement at the sensor inlet for all de 
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Similarly, the volumetric results may be pictured using Paraview, such 

as in figure 4.14, showing the same frequency of 550 Hz as in figure 4.12. 

The same shape of the sound pressure levels can be identified in the me- 

chanical system. The mechanical displacement may be broken down in 

to its x, y and z components. The most influential to the measurement 

quality here is the x component, since it is the vibration direction per 

pendicular to the flow and allows the most movement due to the device 

design. The sound pressure level along the length of the duct thus has 

a direct effect of the mechanical displacement on the ducts due to the 

acoustics in the system. The total displacement magnitudes, for example 

in the compact device, range from a few nanometers at a Reynolds num 

ber of 0.7 million to a maximum of approximately 4 um at a Reynolds 

number of 1.8 million. 

F(u [m]) 
1.000e-08 

| 7.5e-9 

ln. 

Figure 4.14: Total mechanical displacement of the compact device at 

800 Hz and Reynolds number 1.8 million. 

  

Although the sound pressure level is seen to be similar in the three 

devices, the amplitude of the mechanical displacement differs over the 

frequency range. This can be linked firstly to the sound source amplitude 

and secondly to the mechanical differences of the duct systems, which 

can also be frequency dependent. For example, the different mechanical 

damping or the quality factor, Q, of each device. The quality factor 

describes how under damped a resonator system is, and also characterizes 
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its bandwidth relative to the center frequency. A higher quality factor 

indicates a lower rate energy loss relative to the energy stored in the 

resonator and thus the frequency is less damped. It is defined as 

2rW 

-WT 

with W being the energy at the start of a vibration period and W the 

loss of energy during the period. The values W and W can be defined 

using the total energy per vibration Wo and the damping ( as 

Q   (4.1) 

W Woe 2t (4.2) 

and 

W -2W. (4.3) 

Substituting these relations into definition (4.1) for the quality factor, 
and using the logarithmic decrement ö of the amplitude over time due to 

the dampingö -2(Ct In -, results in a quality factor of 

O - nn . (4.4) 
To 

  

The quality factor was measured for the three device constructions using 

an acceleration sensor and FFT analyser. In order to achieve the most 

accurate results by avoiding any additional damping of the system, the 

devices are placed on rubber prisms. The devices are excited using a 

small hammer on the carrier tube and the time that is required for the 

resonance frequencies to fall to a specific value is measured. The results 

are recorded in figure 4.15. 

The compact device shows a high quality factor at its drive frequency of 

850 Hz and then the value decreases in both frequency directions abrupt!ly. 

The high device shows a similar behaviour, but also has a high quality fac 

tor at approximately double the drive frequency 560 Hz, and then again 

at 720 Hz. The low device also has a high quality factor at its drive fre 

quency of 350 Hz, but then also has many peak values with large quality 
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Figure 4.15: Quality factor of the three devices in the frequency range 

0 Hz to 1000 Hz with marked drive frequencies. 

factors, especially at high frequencies. Where the quality factor is high, 

the mechanics of the device may be easily influenced by a disturbance in 

the same frequency range. This behaviour can be optimised through me 

chanical design using the shape of the measuring tubes, and the amount 

of coupling elements between them. Usually, dual-channel mass flow me- 

ters are designed such that the quality factor is always high at the drive 

frequency. 

Differences in the mechanical displacements at the sensors can also 

depend on the position of the monitoring points, or sensor positions, on 

the device. If the monitoring point is placed closer to a peak sound 

pressure zone the resulting mechanical displacement at this point will be 

larger. The difference between devices in this case is however not large, 

since the sensor position is normally chosen such that it is exposed to 

the largest Coriolis force, and is usually relatively equal when comparing 

lengths of the ducts. Here it is important to remember that all pipes 

are made of the same stainless steel material and are of the same wall 

thickness and diameter. 

The mechanical displacement caused by the acoustic pressures has to 

59



4 Simulation Results 
  

be seen relative to the driven vibration of the dual channel measurement 

devices. Usually all devices are driven such that a displacement of 12.5 um 

is achieved at the sensor positions as listed in table 3.2. The high device, 

with is long tubes, can be driven at twice this displacement. To see the 

relation between the displacements, the vibroacoustic simulations were 

run again with an applied harmonic function at the driver positions as 

described in chapter 3. This imitates the drive frequency of the device. It 

is confusing to look at the total displacement in this case, since it is un 

clear which displacements to compare. The main vibration displacement 

according to the applied function occurs in the direction perpendicular 

to the flow axis, in this case the x-axis. The same displacement plots 

as in figure 4.13 are created, now only in the x-direction and with the 

vibration overlay, see figure 4.16. 

Now the drive frequencies are very prominent in the plots, and have 

been marked with a solid vertical line. The second harmonic of the drive 

frequencies are also very prominent. Peaks in the amplitude, at the same 

frequencies as in figure 4.13, can be identified here as well however at a 

much smaller relative amplitude to the drive frequency. T'hese frequencies 

have again been marked with dashed vertical lines. In some cases these 

disturbances are seen in all Reynolds number plots, but mostly they 

only become noticeable at the larger Reynolds numbers. Additionally, 

the multiple frequencies of the drive frequency have been marked in this 

figure using arrows up to 1000Hz. It is at and around these marked 

frequencies, as well as at and near the drive frequency, that disturbances 

may enter the signal processing through the band filter of the device. 

Before these results are fully interpreted, they need to be verified for 

accuracy. This is achieved firstly through numerical verification simula- 

tions and finally by measurements on a gas calibration rig. 
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x axis (perpendicular to 

flow) at the sensor inlet for all devices at four Reynolds 
numbers with overlayed vibration at the respective drive fre 

quencies. 
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CHAPTER b 

  

Verification of Simulation Results 

  

The simulation results are verified using two approaches: first through 

numerical consistency where the validity of the simulation method and 

models is tested, and secondly by carrying out measurements on a gas 

calibration rig. In this way, errors due to insufficiently defined models 

may be precluded and the legitimacy of the acoustic pressure magnitudes 

and frequencies established. 

5.1 Numerical Verifications 

The numerical model introduced in chapter 3 is varied in numerous ways, 

including adaptations to the mesh, boundary conditions and turbulence 

models. If discrepancies appear between the results, the differences need 

to be justifiable or else the results are not conclusive. The numerical 

model is thus evaluated individually for the following different configu- 

rations: a 30% finer CFD and acoustic mesh, a hexagonal CFD mesh, 
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a large eddy simulation model, a pressure inlet definition, asymmetrical 

geometrical models, various acoustic global functions and acoustic ab 

sorbing boundary conditions. Additionally the perfectly matched layer 

condition was validated on a straight pipe model. All verifications are 

carried out on the compact design at a Reynolds number of 0.7 million. 

In most cases the numerical model could be easily validated, for exam 

ple when applying 30% finer mesh or a large eddy turbulence model. A 

comparison of the acoustic pressure results at the monitoring point X1 

for these two cases in comparison to the original model is shown in figure 
5.1. 
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Figure 5.1: Comparison of the SPL at the sensor inlet X1 in the original 

simulation with two models of a finer mesh and applied LES 

turbulence model. 

The magnitude of the pressure results obtained remains similar and 

the behaviour in the frequency domain is analogous to the original model 

for both cases. The large eddy simulation, as expected, does not resolve 

many of the smaller peaks in the pressure amplitude as observed in the 

detached eddy simulation results. The finer mesh produces equally good 

results as the original model. Some of the peaks in the amplitude are 
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smaller than with the initial mesh, but still occur at the same frequency. 

To save calculation time, and since the results are very similar, the coarser 

mesh will be retained. 

The use of a hexahedral CFD mesh produced similar results to the 

original model with polyhedral elements, however the time to reach con 

vergence was greatly increased. This is the main advantage of a polyhe 

dral CFD mesh, even though the interpolation becomes more complex. 

Due to the large amount of required simulations with the three geometries 

and four flow rates, a ployhedral mesh is retained. The verification model 
applying a pressure inlet, alternative to the velocity inlet, did produce 

slightly altered results. This can be attributed to the difficult initializa- 

tion of the pressure value at the inlet. The pressure drop in the device is 

estimated with approximately 10% error, and the final defined pressure 

at the inlet was subsequently too large. This explains the difference in 

magnitude when comparing the results to the original model, shown in 

figure 5.2. 

160      
  

Frequeney [Hz] 

Figure 5.2: Comparison of the SPL at measuring point X1 with applica 

tion of different inlet boundary conditions. 

The behaviour across the frequency domain is however comparable be 
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tween all cases, considering that the frequency content of the turbulence 

various with the flow rate. The main peaks in the amplitude may still be 

distinguished. 

Models with built in asymmetries on the measuring ducts were sim 

ulated in preparation for the measurements on the calibration rig. Not 

all dual-channel mass flow meters can be assumed to be exactly equal in 

weight distribution and geometrical form, which is especially true for the 

ducts due to their complex production process. The effect of these dis- 

crepancies or asymmetries on the CFD and vibroacoustic simulations was 

quantified such that the magnitude of possible result divergences between 

the simulations and measurements on the calibration rig may be clarified. 

The tolerances in the weight difference between the ducts is equal to 5g. 

Models with asymmetries did not show an influence on the simulation 

results as long as the values were within the specified tolerances given to 
the suppliers. 

The acoustic global function as discussed in section 3.2 is applied to 

the acoustic source term for the first time steps of the acoustic simulation 

and ensures that no acoustic shock is initialized in the system. Originally 

defined as 1 — cos?(0.5m/15e — 6t), it was altered in size and impact time 
for the same acoustic simulation. No differences between the results could 

be found, showing that this initialization is not of great importance to 

the acoustic simulation. A comparison of the sound pressure level in the 

simulation cases can be found in figure 5.3. 

Absorbing acoustic boundary conditions generally result in increased 

reflection at the inlet and outlet boundaries compared to perfectly match 
layer boundaries. This resulted in higher peaks in the acoustic pressure 

values. This was expected since these absorbing boundary conditions 

are only non-reflective in one direction, parallel to the flow. The PML 

boundary condition was further tested on a straight, simple pipe with 

a center noise source. Through this simple simulation, the reflection or 

absorption at the inlet and outlet boundaries could be observed over 

time and the function of the PML could be verified in the implemented 

software CFS-++. It could be observed that the perfectly matched layers 

adequately damp the outgoing acoustic waves, with no reflections at the 

boundaries. Their objective is thus verified for this simulation case. 
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Figure 5.3: Comparison of the SPL at the measuring point X1 when ap 

plying various global factors in the acoustic pressure initial 

ization. 

The various adaptations to the initial numerical model resulted in no 

discrepancies in the results, which could not be suitably explained. The 

boundary conditions and mesh of both CFD and acoustic models are 

numerically verified and the numerical model is primarily deemed suitable 

in describing the dual-channel mass flow devices, on condition that the 

following measurement results also concede. 

5.2 Measurements 

Three prototypes of the geometries compact, high and low were con 

structed and assessed on a gas calibration rig. The conditions were kept 

as close to the numerical environment as possible, the fluid used being 

air at 10 bar and 20°C. The four Reynolds numbers were similarly estab 

lished with flow rates between 2000 kg/h and 5000 kg/h, corresponding 
to Reynolds numbers of 0.7 million and 1.8 million respectively. The 

calibration rig includes three master devices which are used as the cali 
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bration reference depending on the mass flow through the rig. Only one 

master is used per measurement. For larger mass flows there are turbine 

meters and for smaller mass flows there is a piston meter. A layout of 

the rig can be seen in figure 5.4, where the three masters are installed 

parallel to one another. 
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Figure 5.4: A visualization of the gas calibration rig used in the verifica- 

tion measurements. 

The prototype being tested is installed in the fourth parallel line at the 

position of the blue rectangle representation in the figure. The mass flow 

is regulated by a blower and valve. The fluid passes through a heater 

and two heat exchangers in the rig, once before the measurement device 

and once after. This controls the temperature of the gas within a defined 

tolerance. Air can be measured up to 10 bar and 100°C on the rig. If 

the measurement requires pressures above 6 bar, a compressor is used to 

compress the air up to a maximum of 10 bar. The required flow rate, 

temperature, repeat counts and the respective tolerances are specified in 

the software window shown in figure 5.9. 

The pressure, temperature and flow rate are measured at many points 
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Figure 5.5: The flow rate, temperature, tolerance and repetition specifi- 

cations of the measurements made with the gas calibration 

rig. 

throughout the rig and the values can be monitored. These values are 

used to control the specified flow rate and temperature values required for 

the measurement. The Gas Engine software automatically updates the 

gas density and viscosity values. Furthermore, the measurement time, 

flow stability waiting time and the amount of measurement repeats may 
be specified. For the purpose of the current measurements, a measure- 

ment time of 60s, a flow stability time of 10s and a repeat count of 

ten measurements per flow rate was specified. The flow rate tolerance 

and temperature tolerance values were set to 1% and 5% of the mea 
sured value respectively. The prototypes were singly installed between 

two butterfly valves, as seen in figure 5.6. These were both fully open 

during the measurement phase but could be closed individually before 

and after the measurement to control the zero point setting, the stabil 

ity, of the device. The electronics of the prototypes were connected to 

the calibration rig such that the number of pulses recorded during the 
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measurement phase may be read out. This value is used to calculate the 

flow rate value which is then compared to the flow rate value of the ap- 

propriate master. The flow rate, temperature and oscillation frequency 

as seen by the device electronics was also recorded using a measurement 

laptop and the appropriate software. 

  

Figure 5.6: A dual-channel mass flow meter installed in the calibration 

rig and the laser vibrometer measurement points at the sensor 

positions for the displacement measurement. 

In order to study different effects on the measurement values, mea- 

surements were also repeated on the devices with differing parameters. 

The parameters include oscillation amplitude at the sensor, weight at the 

sensor and weight at the driver. For this purpose either the amplitude 

was adjusted in the electronics using the software Remote Control, or 

extra magnetic weights were added to the sensors and driver of the de 

vice. T'he three devices were measured without the housing component 

such that the measurement ducts of the device were exposed. This was 

done so that parallel to the gas measurement, two laser vibrometers could 

be used to measure the velocity at the two sensor points of the device. 

Removing this housing may shift the resonance frequencies of the body 

of the device, but not that of the measurement frequency. The Polytec 

laser OFV302 from Endress+Hauser Flowtec is an older version of the 

Polytec OFV534 laser borrowed from the Vienna University of Technol 

ogy. However since a Nikon 50 mm lens has been attached to the laser 

the quality of the laser point reached was comparable. The older laser 

vibrometer controller OFV2600 was only able to measure the velocity of 

a point, so for a direct comparison the new laser vibrometer controller 
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OFV5000 was also set to measure the velocity of the sensor point. The 

laser OFV302 was positioned at the outlet sensor and the laser OFV534 

at the inlet sensor and measurements were made simultaneously at dif 

ferent flow rates. The values were also read out simultaneously using 

a wavesurfer 424 200MHz Oscilloscope. The time division was set at 

10 ms/div and the voltage output to 1V/div for the older vibrometer 
and 500 mV /div for the newer vibrometer. This was due to the fact that 
the vibrometer settings differed: the older vibrometer has the scaling 

of 25mm/s/V and the newer vibrometer of 50 mm/s/V. These settings 
allowed a measurement over approximately 0.1s which, relative to the 

measurement frequency, recorded between 20 and 50 sensor oscillations. 

The older and newer laser vibrometers have a resolution of 0.5mm/s and 
0.15 mm/s respectively. The maximum measured velocities of the sensors 

were between 25mm/s and 100mm/s. This provides satisfactory mea 
surement accuracy. The reflection of the points measured by the laser 

was increased using silver adhesive strips. The lasers were set upon a 

movable wagon which was positioned at the optimal distance from the 

measurement point according to device, and then locked in place. The 

height and orientation of the lasers was adjusted using metal blocks such 

that the lasers themselves were stable and did not move during the mea 

surements. 

The measurement results against the master devices produce two useful 

values. The first is the absolute deviation against the master and the 

second is the scattering of the measurements results at a single mass 

flow. Ideally the deviation and scattering should both be as small as 
possible. The cause for a large deviation from the master device is not 

necessarily the same cause for large scattering in the measurement values. 

The deviation of the three prototypes to the master device is plotted 

in figure 5.7. Results are shown for flow rates between 1000kg/h and 

5500 kg/h with ten measurements taken at each flow rate. The compact 
and high devices show a similar performance, with less deviation from the 

master device as the low device. All devices show a degree of scattering 

in the ten measurement points at all flow rates. 

A case where the scattering amplitude of the device could be reduced 

was to set a larger vibration amplitude at the driver. For example in 
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Figure 5.7: Deviation of the dual-channel mass flow meters from the mas- 

ter devices with ten measurements per mass flow rate. 

figure 5.8 a) the results are compared in the low device for the original 
vibration amplitude of 12.5 um and double this amplitude. This occurs 

since the vibration amplitude is now larger relative to the disturbance 

frequencies which have not increased, and the signal is less disturbed 

which enters the electronic signal processing circuit. In a further investi 

gation, extra weight was added to the sensor position or driver position 

on one duct, such that the ducts became more unsymmetrical. This had 

the result of worsening the scattering effect over all flow rates. Figure 

5.8 b) shows a comparison of the original prototype with a device con 

taining an intended asymmetry of 1 g at the sensor. Since for these 

cases no change was seen in the simulations, it is assumed that the gen 

eral measurement performance and balance of the device is worsened by 

asymmetrical conditions, which is known, but does not necessarily af 

fect the acoustic behavior in a prominent way. At the most, it causes 

an increase in the difference in behavior of the two ducts, such that the 

acoustics has more or less effect on one duct than the other. However, 

this effect should be smaller compared to the eflect of the decrease in the 

balance of the device. 
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(a) An improvement in the reproducibility was achieved by increasing 
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(b) The reproducibility was worsened when the weight balance be- 
tween the ducts was affected, pictured here for the compact de- 

vice. 

Figure 5.8: The scattering amplitude of a device could be altered by 

changing the vibration magnitude or bringing asymmetries 

to the device. 

72



5.2 Measurements 
  

Since the overall deviation from the master devices is not the primary 

optimization goal, a plot comparing the scattering amplitude over the 

flow rate has been produced in figure 5.9. Overall, the scattering of the 

measurement point is worst in the low device at all flow rates. The com 

pact and high devices are similar in scattering magnitude but differ in the 

behaviour with flow rate. The scattering in the compact device, increases 

with flow rate, especially at higher flows. The high device experiences 

more scattering at a flow rate of 4000 kg/h, corresponding to a Reynolds 

number of 1.4 million, than at a flow rate of 5000 kg/h, corresponding to 

a Reynolds number of 1.8 million. The same behaviour can also be seen 

in the low device. A similar behaviour has already been observed in the 

acoustic pressure levels and mechanical displacements from the simula 

tion results, where at certain frequencies both magnitudes were higher at 

a Reynolds number of 1.4 million than for 1.8 million. 
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Figure 5.9: The amplitude of the measurement scattering in the three 

prototypes at all flow rates. 

Additional results are obtained from the laser vibrometer measure 

ments. The laser vibrometers capture the displacement of the device at 

the sensor points. Since they are placed to the side of the calibration rig 
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with the laser focused on the duct, they capture mainly the x component 

of the displacement when related to the coordinate system of the simula 

tion results. This relates to movement perpendicular to the flow direction 

and duct arch. The x-component also has the most influence on the ac- 

curacy of the devices since it is the main vibration direction of the ducts 

at the drive frequency as shown in figure 1.2. When applying a Fourier 

transform to the difference between the signals, dominant frequencies 

present at the sensor positions can be identified in similar plots to those 

in figure 4.13. As can be observed in the plots of the measurements in fig- 

ure 5.10, there are definitely disturbing frequencies acting on these sensor 

points, apart from the drive frequency. Additionally, these disturbances 

are observed to be at the same frequency positions as those identified in 

the numerical simulations. A further confirmation of the simulations can 
be found in the plots of the high and low devices at Reynolds numbers 1.4 

and 1.8 million. As also identified in the plots from figure 4.13, there are 

frequencies where the sound level pressure is higher for a lower Reynolds 

number. Now in figure 5.10, larger displacements at the sensors can also 

be distinguished for a lower Reynolds number, for the same devices. For 

example at 450Hz, 480 Hz, 850 Hz and 1750 Hz for the high device and 

180 Hz, 260 Hz, 430 Hz and 770 Hz for the low device. 

Although the position of the peaks match well, as shown by the dashed 

vertical lines, the amplitude can be expected to differ slightly from the 

simulations, since there are distinct differences between the prototype 

and numerical model. For example, in the numerical model the mechan 

ical geometry was defined as one part and defined using the properties 

of one single material. In the prototypes, the couplers, tubes and flow 

diverters are all made from slightly different steels and are brought in con- 

tact through rolled, soldered and welded joints. Furthermore, differences 

arise due to the calibration rig itself, which contains numerous additional 

acoustic sources such as the blower, diameter changes and bends. In the 

numerical model this system was simplified to a never-ending straight 

duct. Additionally, the laser vibrometer measures axially in a fixed posi- 

tion, which means that it lies on slightly altered points of the tube as it 

vibrates. The monitoring points X, however, are fixed to the tube. 
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Figure 5.10: Total mechanical displacement as measured at the sensors 

with a laser vibrometer for all devices at four Reynolds num 

bers relative to the norm sensor displacement of 12.5 um. 
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Overall, the measurements produced results which may be related to 

those obtained in the numerical models. The same disturbance frequen 

cies were observed, with similar scales and the behaviour over Reynolds 

number could be confirmed. The peaks in the amplitudes occurred at 

the same frequencies and the behaviour with increasing or decreasing 

Reynolds number could be confirmed. Due to the good correlation of the 

measurement results with the simulation results, and due to the numer 

ical verification, the simulations models are deemed to produce results 

close to reality and may thus be interpreted to produce an evaluation of 

the acoustic phenomena in dual-channel mass flow devices. 
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CHAPTER O 

  

Interpretation of device performance 

  

With the positive verification of the numerical model, the simulation 

and measurement results can be further analyzed. In this section the 

link between the scattering of the measurement values and the flow in- 

duced sound will be drawn, reasons for the non linear behavior will be 

considered through closer study of the acoustic sound source region and 

the simplification of the problem using one dimensional acoustics will be 

introduced. In conclusion, the general influential factors of the device 

design will be discussed. 

6.1 Clarification of measurement error 

In each investigated geometry, peaks in the acoustic and resulting me 

chanical displacement amplitude spectra occur at frequencies across the 

simulated range. These peaks coincide with yet unexplained disturbance 

frequencies identified in the device geometries during the measurement on 
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the calibration rig. When these peaks in the acoustic and mechanical am 

plitude are large, and furthermore very close to the drive frequency of the 

respective measurement device, an increase in the scattering of the mea 

surement values during experiments at each flow rate is observed. This 

means that when ten measurements are taken at the same flow rate, 

results are scattered between +1%, or even +3%, of the actual value. 
The increased scattering of measurement values leads to a decrease in 

the repeatability accuracy of the device. An increase in scattering is also 

observed when the peaks in the acoustic and mechanical displacement 

amplitudes occur close to multiples of the drive frequency, or for exam 

ple half the drive frequency. The reason lies in the filter band-stop of 

the electronics, centered on the drive frequency as pictured in chapter 

1 in figure 1.3. With this filter, disturbance frequencies up to 50 Hz 

away may be seen by the electronics, and these disturbances may also be 

folded up or down if they lie near multiples of the drive frequency. The 

closer these disturbances to the drive frequency, or to factors thereof, the 

more the disturbance will affect the measurement. Generally this means 

that if we reduce or eliminate the disturbing frequencies, the repeatabil 

ity of the measurement values should improve. In order to achieve this, 

it must first be understood where these peaks originate from, and their 

interdependencies on other factors. 

The position of the peaks in the acoustic and mechanical displacement 

amplitude spectrum is geometry dependent, since the location of the 

peaks differ for all three devices. However, for each device the peaks 

remain at approximately the same frequency for all Reynolds numbers, 

with increases or decreases in the amplitude according to the mass flow. 

The sound pressure level plots obtained in both the smaller channels 

were the same, but varied along their lengths, as seen in figures 4.10 

and 4.11. The behaviour was observed in the numerical results and also 

confirmed by the measurements on the gas calibration rig. This leads to 

the presumption that there are excited acoustic resonances in the system, 

which are dependent on the duct geometry according to the following 

equation 
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ncy 

In 57° 
where fn is the nth acoustic resonance of a duct length ZL containing 

a fluid where the speed of sound is co. These acoustic resonances are 

excited on a broad scale, where the main acoustic source must be acting 

as broadband sound source directly at the outlet flow diverter of the 

device as shown for all devices in figure 4.6. Applying (6.1) to the smaller 
parallel ducts, the amplitude peaks are seen to correlate with the acoustic 

resonances which could occur between the two flow splitter geometries as 

listed in table 6.1. Slight differences occur due to the neglection of the 

duct end correction factors, as well as due to the 10 Hz resolution of the 

simulated frequencies. 

(6.1) 

Table 6.1: Comparison of the drive frequency, first simulated amplitude 

peak and first calculated acoustic resonance frequency in the 

three geometries. 

  

  

Compact High Low 

Drive Frequency |Hz] 550 280 350 
First amplitude peak [Hz] 270 195 215 

First acoustic resonance [Hz] 280 210 230 

Additional acoustic resonances must also be present in the results, such 

as between the bends in the ducts or between other diameter changes. 

These acoustic resonances are however much less prominent than the 

resonances between the inlet and outlet flow diverters. The acoustic 

resonances between the flow diverters can be identified when observing 

the acoustic pressures in the entire device in the frequency domain. To 

illustrate this, the first two acoustic resonances for all the geometries, 

relating to the first distrubance frequencies, have been pictured in figure 

6.1 for the highest flow rate using Paraview. The modal shapes of the 

resonances are the same, but occur at different frequencies for each device 

according to equation 6.1. 

This is the first time that a link between the repeatability errors in 
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dual-channel mass flow measurement devices and the flow induced sound 

in the duct system could be established. The errors experienced in the 

field thus do not arise from direct acoustic pressure forces at the inlet, 

outlet or in the bends which could be interpreted from the initial fluid 
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Figure 6.1: Modal view of the first and second acoustic resonances in the 

fluid between the flow diverters in all three geometries. 

dynamic results pictured in figures 4.3 and 4.4. The fluid dynamic re- 

sults showed large vorticity in all three of these areas. The errors also 

do not arise due to propagating circumferential or pulsating modes in 

the system as discussed in the introductory chapter. The repeatability 
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accuracy is affected by the excited acoustic resonances due to a broad- 

band noise source acting at the outlet flow diverter, shown in figure 4.8 in 

comparison to the other source areas. The acoustic pressures themselves 

are perhaps of too small scale, at least compared to the arising hydrody 

namic pressures in such a system, to have any direct influence on the stiff, 

stainless steel duct wall. However through their excitation of the acoustic 

resonances in each specific geometry, the disturbances acting on the duct 

wall become large enough that measurement errors can occur. The size of 

the final measurement error depends once again, amongst other factors, 

on the proximity of the disturbance frequencies to the drive frequency of 

the respective devices. 

The acoustic pressures, now amplified through resonance, interact with 

the duct walls and cause mechanical displacement of the channel accord 

ing to the modal shape of the acoustic resonance. These displacements 

can have a maximum at the center of the pipe, near the ends, or at many 

points along its length. See figure 6.2 for an example of the mechanical 

displacements caused by the first two modes in the compact geometry for 

the highest flow rate. 

Here the link between the acoustics and the mechanical displacement 

of the duct can be drawn. For the dual channel device system, the dis 

placements on the duct walls is what is measured by the inductive sensors 

with an accuracy in the nanometer range. Thus it is important to un 

derstand how much deflection comes from the measurement effect, and 

how much from disturbances. Thanks to the hybrid numerical method, 

the pure acoustic pressures present in the system have been resolved, 

and thus the displacements resulting from the directly coupled acoustic 

mechanical model indicate the pure disturbance displacements resulting 

from the acoustic pressures. The mechanical system itself is a stiff stain- 

less steel tube structure, which is one of the stiffest geometries. It is thus 

significant that the acoustic pressure can cause any deflection at all, that 

would result in erroneous measurements. This capability to produce de 

flections at the sensors starting at 30. nm for the lowest flow rates up to 

o um for the highest flow rate is again attributed to the acoustic resonance 

behaviour. The maximum disturbance in comparison to the normal drive 

frequency displacement at the inlet sensor for the three geometry types 

81



6 Interpretation of device performance 
  

is listed in table 6.2 for all flow rates. As explained in the beginning of 

the chapter, when the displacements occur at a frequency which can pass 

through the band filter, they will be used in the algorithm to calculate 

the flow value, and cause large scattering in the flow measurement values. 
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Figure 6.2: Modal view of the influence of the first and second acoustic 

resonances on the mechanical system in all three geometries. 

In table 6.2 these disturbances are shown to be nearly 50% of the 

normal drive frequency displacement which occurs at the sensor position. 

The disturbance in the high device is possibly lower due to the high arch 

form, since the sound source and resonance were otherwise comparable 

to the other two designs. 

At this point it is important to again note other factors affecting the in- 

fluence of the acoustic resonances on the dual-channel mass flow devices, 
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Table 6.2: Maximum magnitude of displacement at the sensor position in 

the three geometries at the highest flow rate. 

| Compact High Low 

Driving displacement |um] 12.5 25 12.5 
Maximum disturbance displacement [um] 4.37 0.96 5.2 

  

the first of which is the damping of the mechanical structure. Dual- 

channel mass flow devices are not actively damped, but as a result of 

the large effort put into their effective and accurate design, a mechanical 

damping results from the structure itself which tends to be lower around 

the drive frequency than for other frequencies. A good example of this 

can been seen in the compact design when studying figure 4.15. The 

quality factor is very high at the drive frequency of 550 Hz, and reduces 

rapidly at all other lower and higher frequencies. It can thus be expected, 

that disturbance frequencies acting on the structure that are not directly 

at the drive mode are to a large extent damped and will not have a large 

influence on the mechanical displacement of the duct. The high device 

also shows this behaviour at its drive frequency of 280 Hz, but also at 

two additional frequencies, around 500 Hz and 700Hz. The possibility 

that disturbance frequencies in these areas will affect the flow measure- 

ment is thus increased. The low device displays the worst design in this 

consideration, with a total of five frequencies with high quality factors in 

the considered range. Thus almost all disturbance frequencies will cause 

larger mechanical displacements of the duct. A further factor affecting 

the influence of the acoustic resonances on the flow devices is the ampli- 

tude of the vibration at the drive frequency. It has been observed in the 

measurements that dual channel devices have an improved repeatability 

accuracy when the amplitude of the driving vibrations are larger. This 

is understood to be an effect of the relative displacements. When the 

vibration amplitude is doubled, the disturbance frequencies are not, and 

thus their relative effect on the mass flow measurement is decreased. This 

is pictured in figure 4.16 in chapter 4, where the vibration frequencies are 

seen to overlap the disturbances frequencies such that they can no longer 
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be identified until very high flow rates. 

An intriguing, and somewhat deceptive, behavior is that the amplitude 

peaks in the acoustic pressure and mechanical displacement do not always 

increase with increasing flow rate. In some cases, the peaks in the am- 

plitudes are larger at a lower Reynolds number than the same peak for a 

higher Reynolds number. For example, this can be seen in the behaviour 

of the high device in the sound pressure level figure 4.9 at frequencies 

around 450 Hz, 480 Hz and 850 Hz, among others, for the two largest flow 

rates. The peaks in the amplitude for a Reynolds number of 1.4 million 

are higher than the peaks at Reynolds number of 1.8 million. The first 

logical understanding of the acoustic and mechanical displacement am 

plitudes would be that, as the flow rate increases so does the turbulence 

in the duct and thus the amplitude of the broadband sound source. This 

stronger acoustic source thus results in a higher excitation of the acoustic 

resonances and the peaks in the amplitudes should increase for all cases. 

This is in fact true for most of the frequencies when looking at the plot, 

but definitely not for all amplitude peaks. T'he behaviour is repeated in 

the mechanical displacement results, seen in figure 4.13 at the same fre- 

quencies. An initial verification for this behaviour seen in the numerical 

results is that the scattering amplitude measured on the gas calibration 

rigs also showed nonlinear behaviour across flow rate. This was picture 

in figure 5.9 where for the high and low devices a larger scattering ampli 

tude results at a mass flow of 4000 kg/h than for 5000 kg/h, respectively 

Reynolds numbers equal to 1.4 and 1.8 million. This indicates that the 

outlet turbulence contains a specific acoustic pressure frequency spec- 

trum depending on the Reynolds number, and it is reproducible. In this 

regard, it is interesting to study the statistical values of the turbulence 

at the outlet area for different Reynolds numbers. 

6.2 Statistical values of turbulence 

A turbulent flow is by its nature irregular and random, which means 

a deterministic approach to turbulence is impossible [44]. Turbulence 
excites a broad spectrum of fluctuations observant in most turbulent 
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quantities such as the velocity [45]. The turbulence energy spectrum 
is a method used to display the energy content of the turbulence over 

wavenumber or frequency. It is defined using a correlation tensor R;;(a, t) 
between velocities at two different points separated by a distance [44], 

Ri (a, t) (u; (x, t)u; (x + a, t)) , (6.2) 

where u; is the velocity component with defined spatial direction i. The 

Taylor hypothesis states that for fully developed turbulence, the spatial 

average and the time average are equivalent |46]. Since the turbulent 
velocity field is assumed to be homogeneous and isotropic the correlation 

tensor is a function only of the distance between the two points and not 

on their location. The three dimensional energy spectrum is then 

Ef) SFR (at) + Ras(a,t) + Ras(a,t)) (6.3) 

which, by performing the Fourier transform yields 

EN 5 3 MN (6.4) 
i=1,3 

where 4; is the Fourier transform of the velocity in the ith direction and 

its conjugate is marked with *. An example of the general form of a 

turbulence energy spectrum is shown in figure 6.3. 

E(f)A 

  > 
>» 7   

Figure 6.3: Schematics of a turbulence energy spectrum [47] 
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From figure 6.3 it can be observed that for a particular turbulent flow, 

the turbulent energy is highest for a certain range of frequencies, and 

then decreases again. This curve is derived from the correlation of the 

velocities with one another. 

For the case of the multi channel geometries, the main acoustic source 

is located directly at the outlet side of the flow diverter. It is here that the 

velocities in all three directions need to be read out at specific points. A 

balance between the amount of data and the validity of the results needs 

to be obtained. Points chosen too far downstream shift the frequency 

spectrum away from the true source nature. Only when points very close 

to the acoustic source were chosen, interpretable results were achieved. 

Points in a pattern as pictured below in figure 6.4 were chosen for the 

analysis. The high geometry has been used for this analysis, due to the 

nonlinear nature of the repeatability accuracies with flow rate. 

  

Figure 6.4: The monitoring points (in red) used to build the turbulence 
energy spectrum from the velocity vectors in the high device. 

The three dimensional velocity data was additionally read out for each 

of these points for every time step in the previous CFD simulations for 

the four flow rates in the high geometry. The data was used to form the 

turbulence energy spectrum using Matlab. The energy spectrum for the 

four Reynolds numbers at the outlet sound source area is shown in figure 
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6.5. The general form of the spectrum shown in figure 6.3 is mirrored 

here, however there is no specific range of frequencies that contain more 

or less turbulent energy when comparing the flow rates. 
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Figure 6.5: Turbulence energy spectrum in the high device in the acoustic 

SOUTCE region. 

However, it is more interesting to study the peaks in the amplitudes 

at specific frequencies across the range. It is observed that at specific 

frequencies the magnitude of the energy spectrum is larger at a Reynolds 

number of 1.4 million than 1.8 million, as in the simulation results. 

The position of these frequencies correspond to the same frequencies ob 

served in figures 4.9 and 4.13, namely around 450 Hz, 480 Hz and 850 Hz, 

amongst others. 

This provides a link between the increase in scattering of the measure 

ments values at a Reynolds number of 1.4 million in the high device, the 

corresponding peaks in the sound pressure levels in the same geometry 

which were higher for this Reynolds number of 1.4 million than for a 

Reynolds number of 1.8 million and the energy spectrum of the turbu 

lence. 

A similar behaviour is achieved by plotting the sound power level of 
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the acoustic pressures at an additional monitoring point, as displayed in 

figure 6.6. This monitoring point is placed at the acoustic source area on 

the wall of the outlet flow diverter. Once again, the amplitude differences 

reoccur at the same frequencies as named previously when comparing the 

Reynolds numbers of 1.4 million and 1.8 million. 

140 

  

    
Figure 6.6: Sound pressure level at flow diverter monitoring point on the 

high device for all Reynolds numbers. 

The turbulence energy spectrum over the Reynolds number theorizes 

that the behavior of the acoustic pressure in the smaller pipes is controlled 

by the behavior of the main acoustic source at the outlet over Reynolds 

number. At the same frequencies that can be identified in figures 4.9 

and 4.13, the energy content of the turbulence is greater. This causes 

an increase in the acoustic pressure and mechanical displacements at the 

monitoring points placed on the device sensors. "This means the energy 

content of the turbulence over frequency is Reynolds number dependent 

and reproducible. This also explains the intriguing behavior of the am 

plitude peaks, or scattering of the measurement values, which increase at 

certain Reynolds numbers. 

It is important to note that this behaviour is also seen for other Reynolds 
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number pairs, such as for 1.1 million and 1.4 million, where a nonlinear 

increase in the scattering of the measurements was not observed. This 

can be attributed to the location of the relevant disturbances in relation 

to the drive frequency. A lower Reynolds number may show a larger 

sound pressure level or energy content at a certain frequency, but if this 

disturbance is located far away from the critical frequencies then it will 

not influence the device signal processing and the scattering of the mea- 

surement values will not increase. To properly confirm this behaviour 

further study is required. 

6.3 Device performance factors 

Of the three investigated devices, acoustic resonances were present in all 

ofthem. The amplitude of these acoustic resonances were similar for the 

same resonant mode, and the amplitude of the acoustic sources were com 

parable for the same Reynolds number. However, all three devices mea 

sured with different repeatability accuracies, or scattering magnitudes of 

the measurement values. There are thus additional factors to consider 

when evaluating the quality of a device for high speed gas measurement. 

All these factors need to be considered when finding an improved concept 

for a device design. 

Distance of the acoustic resonance frequencies to the drive frequency 

The acoustic resonances result in a larger disturbance when they lie close 

to the drive frequency of the measurement devices, because the band stop 

filter is centered at this frequency. The acoustic resonances also cause a 

larger disturbance if they are close to multiples of the drive frequency, 

such as twice or three times, or even half the drive frequency. This point 

is hard to avoid, since there will almost always be an overlap of some 

kind in the device, especially since by good design of the system the 

mechanical and acoustic resonances often lie close together. 
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Symmetry of the resonance mode according to the two sensor positions 

The mass flow rate is measured using the phase difference between the 

two sensor positions on the smaller ducts, one at the inlet side and one at 

the outlet side. If the modal form of the acoustic resonance affects both of 

these sensor positions equally the total effect on the measurement value 

should be close to zero. Only when the two sensor positions are affected 

out of phase, or asymmetrically, will an acting disturbance effectively be 

measured. 

Amplitude of the sensor vibration 

The amplitude of the sensor vibration relativizes the amplitude of the 

disturbance. If the drive amplitude of the device is doubled, for example, 

the disturbances resulting from the flow induced sound still remain the 

same. Thus the true mass flow rate signal has double the weighting in 

the following signal processing steps than the disturbance frequencies, 

and thus the repeatability accuracy improves. 

Filter bandpass 

The disturbance frequencies are to an extent allowed through to the signal 

processing by the current bandpass filter. Factors such as the bandpass 

width and signal processing time affect how many disturbances are in- 

cluded in the flow rate calculation. 

Amplitude of the source 

The amplitude of the sound source in the three discussed geometries was 

comparable, however there are geometries which contain larger sound 

sources for the same mass flow rates. When the sound source amplitude 

is larger, the total effect on the system also grows respectively. 
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Mechanical damping of the constructive geometry 

The mechanical damping of the dual-channel mass flow meter design 

assists in damping out disturbance frequencies. An optimal design has 

a high quality factor around the drive frequency of the device and close 

to zero at all other frequencies. In the mechanical damping, not all 

dual-channel mass flow meter designs are equally effective, as observed 

in chapter 4. 

Sensitivity of construction to disturbances 

Apart from the mechanical damping of the device, other mechanical de 

sign factors also play a role in the influence of the disturbances on the 

system as a whole. Design factors include the duct thickness, arch height, 

and connections to the other components which effect the stiffness of the 

device. Additionally, the stiffness of the sensor holder also affects the 

influence of disturbances transfered to the actual sensor position. 

Amount of disturbing resonances 

The main disturbances in the current system were the acoustic resonances 

between the two flow diverters. Depending on the acoustic impedance 

of the system components, and additionally on the mechanical damping, 

more or less disturbance frequencies may build in a dual channel mass 

flow device. The more disturbance frequencies there are, the larger the 

possibility that they are in a position which will negatively affect the 

measurements. 

Amplitude of the acoustic resonance 

Where the sound source magnitude is the same, the excited acoustic 

resonances in the system do not necessarily also have to be equal. The 

acoustic resonances, although primarily excited by this sound source, are 

also able to build due to the geometrical properties of the devices which 

affect the acoustic impedance. Different geometries, especially at the 
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points of the sound reflection, lead to varying amplitudes of the acoustic 

resonances. 
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Now that the mechanism behind the repeatability error in the dual 

channel mass flow devices has been understood, measures may be taken 

which aim to improve their performance for high flow rates where turbu- 

lence, and consequently the flow-induced sound, is large. In this section 

the various approaches for possible design improvements will be discussed 

and evaluated. A prototype will be constructed using the best optimiza 

tion approach and the measurement results of the new dual channel mass 

flow device design will be presented. Conclusively, an optimization tool 

has been developed in order to speed up future acoustic analysis of dual 

channel flow meters. 

7.1 Methods for design improvement 

There are five approaches which could be identified during the result 

interpretation to improved the dual-channel mass flow meter design: 
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e Targeted design of the acoustic resonances and drive frequency 

e Increased driven vibration amplitude 

e Improved filter in the device electronics 

e Decreased acoustic source amplitude 

e Reduced effect of the acoustic source on the sensors 

The aim, when looking for a solution to the acoustically induced in 

accuracies, is to be able to adapt existing dual channel meter designs 

such that their measurement error lies within a 0.35% limit. Optimally, 

this should be done with minimal effort by applying the same improve- 

ment to all design types and sizes with as few geometrical adaptations as 

necessary. 

7.1.1 Targeted design of the acoustic resonances and drive frequency 

The disturbance frequencies resulting from the flow-induced sound are 

seen to cause errors when they are near the drive frequency or multiples 

thereof. Dual-channel mass flow meters could thus be adapted such that 

these acoustic resonances lie at least 100 Hz away from the drive frequency 

and its multiples. Unfortunately, this requires a high design effort since 

there are many interdependent geometrical parameters. Dual channel 

mass flow devices are foremost optimized in their general measurement 

performance. Parameters include the duct shape and length, the position 

of the duct couplings, the use of stiffening rings and flow-optimized flow 

diverters. Once the device has been optimized in this regard, any changes 

in order to shift the acoustic resonances could be detrimental to the 

otherwise optimal design. Furthermore, designing the geometry such that 

the acoustic resonances lie at least 100 Hz away from the drive frequency 

and its multiples proves to be difficult, since these frequencies naturally 

lie close to each other, and there are many collision points. This problem 

is illustrated in figure 7.1 for the high design, where many disturbance 

frequencies are less than 100 Hz away from the critical frequencies for 

this device. The problem is further amplified when measuring different 
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mediums, for example air and water. The drive frequency of a device 

depends on the weights of the narrow channels and can be shifted up to 

120 Hz depending on the medium being measured. A targeted frequency 

design for air will thus not suffice if the device is subsequently used for 

other fluids. 

FH £ £ 7 
Drive frequency 

and multiples 

Disturbances 

$ Distance less 

than 100Hz 

  
Drarmmanmı [Yo] Frequency [Hz] 

Figure 7.1: Position of the drive frequency with its multiples compared 

to the disturbance vibration frequencies in the high device. 

Additionally, the production process of the dual channel devices allows 

for geometrical tolerances such that the frequencies also have a certain 

tolerance allowance. This method has overall proved too problematic 

with all device geometries, and it has been decided not to include this 

technique in the optimization of the dual-channel mass flow devices. 

7.1.2 Increase the driven vibration amplitude 

The verification measurements showed than an increased vibration am- 

plitude of the ducts at their drive frequency results in an improvement in 

the repeatability accuracy of the devices. This would indeed be an easy 

way to improve the device performance, however the improvements seen 

do not bring the total measurement error below 0.35%. The scattering 

amplitudes remain too large. A further drawback of this method is the in 

creased cyclic fatigue of the duct constructions. Some dual channel mass 

flow meters are able to withstand larger vibration amplitudes, such as 

the high device in this study, because of their specific construction. This 

includes a combination of factors such as the arch height and duct wall 

thickness. If this method would be implemented, many existing geome 

tries of the mass flow meters would need to be altered. This method has 
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thus also been dismissed for the device optimizations due to the meager 

measurement improvement and the large effort required for changes in 

the current designs. However, designs which can withstand the increased 

amplitude should take advantage of this improvement and always employ 

a larger driven vibration amplitude. 

7.1.3 Improved filter in device electronics 

The current filter band-stop of the electronic processing unit allows sig- 

nals up to 50 Hz away from the drive frequency of the meter to be partially 

included in the mass flow calculation. Unfortunately, this bandwidth 

cannot simply be narrowed to within a few Hertz, since the processing 

speed of the mass flow signal will be greatly reduced. This will affect 

the dynamic measurement capability of the devices, which is important 

for accurate measurement with rapidly changing flows, for example in a 

milk filling station. The dependency of the signal processing speed on the 

bandwidth was shown in figure 1.4. A reduction of the filter bandwidth 

from 50 Hz to 12Hz results in a signal processing time more than three 

times longer. 

A solution to this problem would be to use a dynamic filter, which 

increases the bandwidth of the filter bandpass when it detects a change 

in flow rate. This would be an improvement to the current filter, however 

the initial low rate change would still be detected quite late and thus the 

accuracy of the meter would still be decreased due to the narrowing of 

the bandpass. This may be improved in future, but in this work it has 

been decided to focus on the sensor design. The aim is to eliminate any 

disturbance frequencies from the system before they are able to enter the 

signal processing. 

7.1.4 Decreasing the acoustic source amplitude 

The most forthright approach to improved device performance would 

be to decrease the amplitude of the acoustic sources. When the sound 

source is eliminated or at least reduced, then the acoustic resonances 

will not be strongly excited and the disturbances due to the acoustic 
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pressures will decrease. These lower disturbance amplitudes would result 

in an improved repeatability accuracy of the device. Since the strongest 

acoustic source exists at the outlet flow diverter, it is here where the main 

improvements should be made. Additionally the smaller sound sources 

at the inlet flow diverter and at the bends may also be further reduced. 

The flow diverter results in an area of flow separation at the outlet 

which is the principle source of the flow induced sound. In literature 

recommendations can be found for the reduction of the turbulences in 

such regions. For example, expansions should be in the form of conical 

sections with an angle not exceeding fifteen degrees, and sudden area 

changes and narrow bends which increase the level of turbulence and 

should be avoided [48]. Bends also result in a higher sound transmission 
than a straight pipe section of the same diameter and wall thickness 

due to mode conversion [48]. A solution with an improved flow diverter 
could be easily substituted into all low meter designs, without any major 

changes to the duct shapes or height. 

The outlet flow diverter has thus been adapted with the aim of de- 

creasing the turbulence caused by the rejoining of the two flows from the 

smäller ducts, as well as with the aim to minimize any dipole sources on 

the separation surfaces. The main changes to the flow diverter are the 

introduction of a filleted nose starting between the two smaller ducts and 

   a) 
Figure 7.2: Two example flow diverter designs, a) flow diverter 1 and b) 

flow diverter 2, to reduce the flow induced sound at the outlet. 
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leading in to the wider duct. The nose allows for a more steady combina 

tion of the two flows. Furthermore, the shape of the cavity is amended to 

achieve an optimal flow field and reduce the dipole sources. Two exam- 

ples of new flow diverter geometries are shown in figure 7.2. The first flow 

diverter illustrates a case with a nose between the two narrower ducts, 

the second flow diverter focuses rather on the curvature of the junction 

itself. The geometries pictured in figure 7.2, as well as many more ge- 

ometries of a similar form, were substituted in to the outlet side of the 

compact design and were analyzed using the numerical method described 

in chapter 3. Unfortunately, none of the designs brought a reduction to 

the amplitude of the acoustic source at the flow diverter outlet. Figure 

7.3 compares the sound pressure level of the original compact design to 

that in the two compact geometries containing flow diverters 1 and 2 re- 

spectively at the highest Reynolds number. All designs show a similar, or 

higher, sound pressure level over the whole frequency range at the inlet 

monitoring point x1. 
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Figure 7.3: Comparison of the sound pressure level at the inlet sensor for 

the highest Reynolds number in the original compact design 

and designs containing two new flow diverters. 

Especially low diverter two produced very strong acoustic resonances 
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shown in the large amplitude at 230 Hz and 550 Hz. The first flow diverter 

produces similar results to the original design. The changes to the flow 

diverter were not enough to bring improvement to the acoustic source. In 

order to understand the process a little better, the original compact design 

has been altered in two ways regarding the length of the narrow ducts 

before the outlet flow diverter. Firstly, the length of the narrow ducts 

were increased after the last bend in the axial direction such that the 

flow could reach a less turbulent state before entering the flow diverter. 

Secondly, the length of the narrow ducts was increased before the last 

bend, in order to see what influence the bend has on the magnitude of 

the acoustic source at the outlet. The acoustic source, when observed at 

the same frequency at the outlet flow diverter in all cases, does change 

aesthetically. However the magnitude remains the same, as shown in 

figure 7.4 at the position of the main source. 

  

a) b) c) 
Figure 7.4: Comparison of the acoustic source at the outlet flow diverter 

for the highest Reynold number for the cases a) original, b) 
long before bend and c) long after bend. 

Thus the geometry before the outlet flow diverter has little influence 

on the magnitude of the sound source. As expected the sound pressure 

levels at the acoustic resonances are also of similar magnitude at the inlet 

sensor shown in figure 7.5. Note that the peaks in the amplitudes occur at 

different frequencies due to the change in length of the ducts between the 
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two flow diverters which results in different acoustic resonances according 

to equation 6.1. The two altered geometries are pictured in the same 

sound level pressure plot in figure 7.5. 

  

  

Figure 7.5: Comparison of the sound pressure level at the inlet sensor for 

the highest Reynold number for different outlet cases. 

After many attempts to decrease the acoustic source with no success, 

this solution method was disregarded. A certain level of turbulence is al 

ways present in such junctions at high flow rates, and although the geom- 

etry may be optimized, a complete suppression of the flow-induced sound 

does not seem to be possible. Thus any further implemented methods 

must realize that the flow-induced sound cannot be dismissed and take 

it into account in the solution. Furthermore, different design rules need 

to be implemented to enable an optimized design. 

7.1.5 Reducing the effect of the acoustic source on the sensors 

The magnitude of the sound source could not be successfully reduced, 

but the possibility of minimizing the effect of the sound source on the 

system still remains. Many concepts can be found in literature, which 

range from the use of various porous materials to reduce the broadband 
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spectra [49] to the utilization of reflective or dissipative silencers [48]. Re 
flective silencers function by causing a reflection of waves by an impedance 

mismatch, for example with a side-branch resonator. The reflective si- 

lencer, intended for the plane wave range, is primarily used for damping 

singular frequencies. The application of other materials in dual channel 

mass flow meters is tenuous since many of the meters are used at very 

high pressures, temperatures and even for hygienic applications with very 

high demands on the fluid contact surface. Also the addition of a side 

branch proves difficult in such systems due to the increased pressure loss 

[50].The pressure loss requirements on dual-channel mass flow meters are 

relatively strict, and a low pressure drop offers a competitive advantage 

in industry. Optimally, the pressure drop of the devices should also not 

be negatively affected. 

A further adaption would be the Helmholtz resonator which is largely 

used to control acoustic instabilities in combustion chambers. The res 

onator damps oscillations at the design frequency very well, but it unfor 

tunately has a narrow range of actuation close to the design frequency 

[51] as shown in figure 7.6 for the simple Helmholtz resonator design. 
The design can also be made more complex, as in the second plot of fig- 

ure 7.6, where several frequency ranges can be damped simultaneously. 

Since there is a broad range of the disturbance frequencies present due 

to the flow induced sound in the mass flow meters, targeting a narrow 

frequency band, or even several thereof, will not sufflice for design im- 

provement. This is especially true when measuring a variety of mediums, 

for example air or water, where the frequencies shift along the spectrum 

and outside of the damped regions. Furthermore, the resonator presence 

can modify the spectrum of frequencies, and even result in the amplifi- 

cation of certain oscillations [51]. 
Considering industrial pipelines in general, the problem of flow induced 

sound is largely present mostly due to sharp elbows and control valves. 

During the design phase of such pipelines, considerations are taken to 

reduce the noise. For example, the distance between an elbow and valve 

is required to be ten times the pipe diameter for flow into the valve, 

and twenty times the diameter for flow into the elbow [54]. Furthermore 
Junctions should not occur at ninety degree angles and the pressure drop 
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Figure 7.6: Working range of two different Helmholtz resonators [52, 53]. 

should be split into stages, without any extreme diameter or direction 

changes [54]. The design of the flow meters cannot be lengthen too much 
in order to incorporäate such specifications. These specifications may be 

taken in to account in a pipeline, but in the dual-channel mass flow 

device which are to be compact as possible, these design recommendations 

cannot be easily implemented. 

The general topic of altering the geometry such that no drastic changes 

occur is however a good one, especially if the system is considered with 

regard to the acoustics. The fundamental problem in the mass flow de- 

vice is incidentally not the flow induced sound. The acoustic pressures 

produced at the outlet flow diverter are, relative to the hydrodynamic 

pressures, very small and their direct effect on the duct is minuscule. 

The disturbance arises, in that these acoustic pressures excite the acous 

tic resonances in the smaller parallel ducts and thus the pressures are 

amplified to a magnitude where they start to take a larger effect on the 

duct wall. Thus, the flow induced sound does not necessarily need to be 

minimized, but rather the magnification through the acoustic resonances. 

This method is a promising technique to reduce the disturbances on the 

mass flow devices and is extended upon the the next section. 
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7.2 Acoustic impedance, resonators and horn theory 

Resonance occurs when a system is driven to vibrate at one of its natural 

frequencies, which results in magnified displacement amplitudes. This 

can be due to an external force, or in this case, an acoustic pressure. 

Acoustic resonances are able to build when an effective acoustic system 

is created between two boundaries. The vibration of a mechanical duct 

at its resonance frequency is easy to picture because the boundaries are 

clear. In an acoustic system the boundaries are more difficult to distin- 

guish, as they are defined by a change in the acoustic impedance. 

Acoustic impedance is the measure of opposition presented to an acous 

tic flow, the longitudinal propagation of the acoustic pressures. It char- 

acterizes the relationship between the acting sound pressure and the re 

sulting particle velocity [28]. There is a close analogy with electrical 

impedance, which measures the opposition that a system presents to the 

electrical flow when electrical voltage is applied to the system. Two situ- 

ations affect the acoustic impedance in a system. The first occurs when 

there is a change in the medium through which the acoustic waves are 

propagating, and thus a change in the propagational velocity. In such a 

case the specific acoustic impedance, Z,, is defined as 

Pa 
Va 

Za (7.1) 

where the speed of sound v, is medium dependent. Thus, the acoustic 

impedance that is acting in opposition to the wave propagation increases 

with an increase in medium density as well as an increase in the speed of 

sound. This is however not relevant for dual-channel mass flow meters, 

since only one medium is present in the duct, in this case air at 10 bar. In 

the flow meters the acoustic impedance depends not only on the type of 

medium, but also on the dimensions of the enclosed volume. The acoustic 

impedance is now calculated using the acoustic volume flow q. [56]. The 
definition of the acoustic impedance Z, becomes 

2, Ba, (7.2) 
Ga 
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where the area A of the wave propagation comes into effect. The larger 

the surface of a radiating sound source or the cross section of a column of 

air is, the lower the acoustic impedance that opposes its motion will be. 

Changes to the acoustic impedance may result from diameter changes, 

junctions and even bends [55]. Usually this impedance varies strongly 

with change in frequency. The acoustic impedance at a particular fre 

quency indicates how much sound pressure is generated by a given air 

vibration at that frequency [? |. 
The acoustic source present at the outlet flow diverter, distributes en- 

ergy in to the smaller sensor ducts. The amount of energy in each duct 

is the same for both channels since the device is symmetrical, apart from 

unavoidable production tolerances. The acoustic pressures thus propa 

gate into the two smaller channels, in this case the plane wave. A large 

impedance discontinuity will result in maximized energy reflection [57]. 

In the dual-channel mass flow meters the main disturbance takes form as 

the two flow diverters. The acoustic pressure in the small ducts is thus 

partially reflected back at the two ends at the flow diverters and back in 

to the narrow ducts. This enables the building of standing waves and ex 

cites the acoustic resonances between the two flow diverters. In this case 

the acoustic impedance is much higher or lower than the value calculate 

with equation 7.2, depending on whether the pressure of the returning 

wave is in phase or out of phase with the driving pressure [? |. This 
may be a reason why the main resonance modes seen in the dual channel 

flow mass meter are the out-of phase modes between the two ducts as 

seen in figure 6.1. The in-phase modes may also be observed, but their 

amplitudes are much lower. 
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Figure 7.7: Transmission loss in a duct expansion dependent on the ratio 

of the two areas [58]. 

104



7.2 Acoustic impedance, resonators and horn theory 
  

When simplifying the system to an expansion from area A; to area As 

as in figure 7.7, the transmission loss T'L is given as 

(1+5)2 

45 

with the area ratio given by S  As/A;. It can be observed that when 

the areas of the pipes are equal, and the disruption to the impedance is 

practically zero, the transmission loss is also zero. The larger the fraction 

S becomes, the higher the transmission loss or the higher the reflections 

[58]. 

The difference between the wave traveling into a narrower or wider 

duct is outlined by Heller [59]. A wave traveling down an expansion and 
contraction is pictured in figure 7.8. Assuming Aa is much bigger than Aı 

and the wavelength of the wave is large relative to the duct diameters, the 

quantity of medium flowing from duct one, puıza?, to duct two must be 

equal to the quantity of medium in duct two, puara?. Since the density 

is constant, the relation 

TL 10log (7.3) 

una: mn uoay (7.4) 

evolves with aı as the radius of area Aı and aa as the radius of As. The 

fluxes of the acoustic How velocity in the two ducts, I, ; and I, 2, can be 
written as 

I, 1~ pcu’a? ,1 m pcu]d] (7.5) 
2 2 la, ~ peuddl, 

and the ratio of the transmitted energy incident from duct one in to duct 

two results 

Io 2 ai .o 
Zn (— 1. 7.6 ers (7.6)   

Thus only a small fraction of the acoustic energy is transmitted from 

a narrow to a wide duct. Furthermore, it has been observed that a 

short wavelength sound will escape the pipe more readily than a long 
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Figure 7.8: Reflection of a propagating wave traveling from a narrow duct 

in to a wider duct and vice versa [59]. 

wavelength sound [59]. The frequency is higher for a shorter wavelength, 

so a cell just inside the tube may not get an in phase, reinforcing re 

flection from the impedance boundary in time to increase its impedance. 

Meaning for the lower frequencies in the dual-channel mass flow meter, 

the reflections will be more trapped. 

This behaviour can be influenced by the design of the intersection of 

the narrow and wider channels, such as in the design of a trumpet. Lower 

frequencies are reflected at the throat of the trumpet and promotes the 

building of standing waves at the fundamental frequency. The harmonics, 

or larger frequencies, are high enough to pass the throat and are radi 

ated outwards. The throat and horn can be designed such that certain 

frequencies are allowed to pass, see figure 7.9. The flatter and narrow 

scaled horns transmit relatively small amounts of the sound energy out 

wards, and rather promote reflection back into the instrument. Steeper 

and widely scaled horns are louder since they promote the transmission 

of the sound energy and restrict the reflection back in to the instrument 

where there is only a weak building of standing waves [60]. 
Relating this to a dual-channel mass flow meter, the device may be- 

come louder itself, but without the excited acoustic resonances the acous 

tic pressures would probably cause a smaller disturbance in the narrower 

ducts where the sensors are present. There are diverse algorithms avail 

able to calculate the horn shape, which meet the needs of the design. 

Solving the wave equation (2.16) in three dimensions for a horn is very 
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Figure 7.9: Narrow and wide scaled horns show different behaviours re- 

garding the transmission and reflection of sound [60]. 

complex. A solution has been proposed to simplify the problem to a 

one dimensional case, by assuming that the sound energy is uniformly 

distributed over a plane wave front perpendicular to the horn axis. For 

the case where the area of the duct changes along the direction of pro 

pogation, an altered version of the continuity of mass from (2.1) must be 
formed using the changing area A(r) 

dp du dA 
— A— — . . 7 + po 17 + Pou 17 0 (7.7) 

Substituting the equation of state for the density, the result is the 

Webster Horn equation [61] 

_____ AmA XDy, (7.8) 

Using this equation in the optimization of the velocity potential along 

x, two well known designs result, the exponential horn and later the 

spherical horn. The initial exponential horn follows the design 

Az) A e*® (7.9) 

along the horn middle axis with horn constant a, and ends with a 90° 

opening angle. The form was first thought to produce the best transmis- 

sion since the wave was assumed to propagate in an even form, as used in 

the Webster equation (7.7). This means that the sound along the middle 
axis of the horn had a shorter length of travel than the sound at the 
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boundaries. This is however not true. The wave in fact propagates with 

a round front meaning the sound at the middle axis of the horn advances 

further than the sound at the boundaries. If the exponential expansion 

in equation (7.5) is now applied to this rounded form, a spherical horn 

results. Improved sound transmission is obtained using a spherical horn, 

with a 180° opening angle, see figure 7.10 [62]. 

Spherical horn 

Exponential horn   
Figure 7.10: The exponential and spherical horn designs with assumed 

even and rounded front sound propagation forms [62]. 

Two possibilities have been presented which may improve the dual 

channel mass flow meter design: 

e Impedance matching between the narrower and wider channels. 

e A horn design of the wider channel expansion which promotes the 

transmission of sound. 

A combination may be used in a new design of the flow divider. The 

total area change between the two narrow ducts and wider duct can 

be minimized, and this area can then be widened using horn design to 

meet the correct diameter of the outlet duct. This would be an attractive 

design change for dual-channel mass flow meters as only the flow diverters 

would need to be changed while the rest of the duct design which produces 

an optimized measurement performance may remain untouched. This 

solution is also applicable for the entire frequency range and not just 
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at certain tonal sounds, which meets the requirements of a dual channel 

mass flow meter better than for example a Helmholtz resonator. The 

overall cost of the device, depending on the intricacy of the flow diverter 

design should also not be drastically affected. Optimizing the impedance 

change is also beneficial to the transportation of the fluid in the duct 

with minimized energy loss [57]. It is this method that will thus be 
attempted in solving the repeatability accuracy issues in the devices. 

It is however not yet known how much of an improvement these two 

design considerations mentioned above may bring, and if the repeatability 

error can be brought within the 0.35% limit as required. There are also 

other impedance jumps in the system, such as at the bends and in the 

duct system as a whole, but these seem to have a smaller effect on the 

disturbances on the device. Thus the flow diverter will first be optimized. 

7.3 Prototype design and verification 

The first design rule to be applied is the impedance matching between 

the narrow and wider duct sections. To achieve this the sum of the two 

areas of the narrow ducts, Aı and As, must be equal to the area of the 

wider duct Az and this area should remain constant through the junction 

Aı+ As As. (7.10) 

In this way the total flow area remains the same through the joining 

of the two flows. However, the result is that the area Az is smaller 

than the required norm outlet duct which attaches to the flange. This 

means that the area Aa subsequently needs to be increased to the final 

standard area depending on the size of the mass flow device. Here the 

second design rule relating to horn design is applied. T'he area Asa is thus 

subsequently increased using, optimally, an exponential horn function 

which promotes maximal sound transmission. Through these two design 

steps of impedance matching and subsequent horn design, the reflection 

of the sound should be minimized between the two flow diverters, and the 

acoustic resonances should either be much weaker or not be able to build 

at all. This means that both flow diverters need to have an optimized 

109



7 Improved design 
  

design, at the inlet and outlet. 

Practice proves to be more complex than the theory, and an optimal ap 

plication is difficult to achieve. Due to the limited space and production 

limitations of the design contours in the flow diverters the geometries 

cannot be perfectly optimized. Furthermore, the junction is not com 

pletely circular since the two narrow ducts together are wider than they 

are high. A number of different design variations have been perceived in 

order to meet the requirements as well as possible, with different degrees 

of complexity. Figure 7.11 shows the designs from a cut side and top 

view such that the contours may be distinguished. All designs attempt 

to keep the area change from the two narrow ducts to the one wider duct 

as small as possible. This is partly achieved through a nose between the 

two narrow ducts which decreases in size as the areas are slowly joined. 

Other designs, such as design four in figure 7.11, try to achieve the same 

affect through the outer curvature of the junction. 

a) b) c) d) 

Figure 7.11: A few examples of the new flow diverter designs, a)-d) de- 
signs 1 4, based on impedance matching and horn design. 

  

    
Horn design is applied to the designs as much as possible, but it is dif 
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ficult to achieve a spherical horn shape, due to the ovality of the junction 

area and the joining of the two areas into one single area. Exponential 

curvatures have resulted, which are partially optimized. In compromise, 

the length of the flow diverter has been increased to assist in finding 

a greater optimized solution. The total device length is increased by 

approximately 10 cm. Once the method has been verified a further opti- 

mization may be run for a shorter design. Before a prototype is built, the 

same numerical analysis was conducted on mass flow meter devices of the 

compact design with all four new inlet and outlet flow diverters shown in 

figure 7.11. As expected the acoustic source at the outlet flow diverter is 

still present in all cases, at a similar amplitude to the original designs, see 

figure 7.12. Although the volume of the acoustic source is smaller, the 

amplitude is similar to the original designs and as such acoustic pressures 

will still propagate with the plane wave in to the narrower ducts. This 

confirms again that this acoustic source cannot be eliminated, and future 

designs must consider the source as a constant. 
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Figure 7.12: Comparison of the acoustic source in the four new flow di- 

verter designs at the outlet side a) d) designs 1 4. 

Leaving the acoustic source area and focusing now on the narrow ducts, 

the effect on the sensor positions seems to be able to be optimized. The 

plots in figure 7.13 show the sound pressure levels at the sensor position 

x1 on the simulated devices over frequency at the highest Reynolds num 
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ber. Designs 1 and 2 still contain large peaks compared to the original 

compact design, but designs 3 and 4 show much lower peaks in the ampli 

tude at the known acoustic resonances. Overall the sound pressure level 

in these two designs is between 5 20 dB lower than the sound pressure 

level in the compact device at this Reynolds number, depending on the 

frequency. When studying the volume plots of the acoustic pressures the 

distinctive acoustic resonances between the flow diverters were either not 

present or only weakly present. The disturbances to the devices caused 

by the acoustic pressures are now best visualized using the volumetric 

mechanical displacement as shown in figure 7.14. The compact device, 

pictured first, is compared to the total magnitude of the displacements 

in the other four designs using the same scale with a maximum displace 

ment set to 10 nm at the drive frequency, or second acoustic resonance 

of the original compact device. 

  

    

Figure 7.13: Sound pressure level plots of the new flow diverter designs 

compared to the original compact design at the highest 

Reynolds number at the inlet sensor monitoring point x1. 

Designs 1 and 2 show little improvement with similar or worse mag 

nitudes than the original device, but designs 3 and 4 show almost ten 
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times less disturbance displacement than the original design. With these 

promising results the two designs 3 and 4 are built as prototypes for 

further verification of the improvement on the gas calibration rig. 

F(u)[m] 
-1.000e 08 

E?Se-@ 

—5e-9 

3 

0 000e+00 

Figure 7.14: Volumetric plots of the displacement magnitude in the orig 

inal and new compact geometries, a) d) designs 1 4, at the 

highest Reynolds number and the drive frequency of the 

compact device, also the second acoustic resonance. 

  

original a) b) c) d) 

The two designs were, as the original designs, verified on a gas calibra- 

tion rig with air at 10 bar. Again the same mass flow rates were measured 

as calculated in the numerical simulations with ten measurement points 

at each flow rate. Subsequently the scattering of the measurement values 

could be observed over mass flow rate. 

The initial results for the two designs are shown in the plot in figure 

7.15 compared to the original compact device measurement results. Two 

improvements can be observed. Firstly, the deflection from the zero axis 

at the lower flow rates is decreased and secondly the scattering of the 

flow measurement values at the higher flow rates is greatly reduced. 

A notable observation could be made with design 3, in that as the flow 

rate in the calibration rig was increased, an increasing tonal frequency 

could be clearly heard outside of the device. This confirms that although 

the device has now become louder, like a trumpet, the performance is 

nevertheless still improved because the acoustic resonances are not able 

to build as strongly. When the scattering magnitudes of the measure 
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Figure 7.15: The deviation from the true mass flow for the compact device 

and the two new prototypes with ten measurements taken 

at each mass flow on the gas calibration rig. 

ments are directly compared in figure 7.16, an improvement from 0.33% 

maximum scattering in the original compact design to 0.14% maximum 

scattering in design 3 and 0.07% in design 4 has been achieved. 

Design 4 is the best geometry, but also more complex to produce than 

design 3. Depending on the requirements in industry, both design 3 and 

design 4 offer good solutions to high speed measurements with fluids. 

Overall, this design method has resulted in an improvement in the re 

peatability accuracy of the device and brought the total error to well 

within 0.35%. With these design alterations, the dual-channel mass flow 

meter can be successfully used to measure high speed mass flows, espe- 

cially high speed gas flow with good repeatability of the measurement 

values. This is the first design of a dual-channel mass flow meter based 

on acoustic design rules, which shows the best repeatability accuracy for 

a 50 mm diameter device on the market and a patent application has 

been filed. The new flow diverter designs may be easily integrated in to 

current flow meter devices since only the flow diverter components need 

to be changed. The designs do not have greatly increased costs, and the 

114



7.4 1D Acoustics and a design tool for dual channel meters 
  

  
—Compact design 

0.35 | —Design 3 

—Design 4 

0 100C 2000 en ge kg/h] 4000 

Figure 7.16: Scattering amplitude of the measurements at each flow rate 

for the compact and new designs. 

material does not need to be altered. The length of the dual channel mass 

flow meter is still longer than the standards allow. In order to optimize 

the designs much more effectively and efficiently, and optimization tool 

needs to be developed. Such a tool may be integrated in to the general 

dual-channel mass flow meter optimization algorithm. 

7.4 1D Acoustics and a design tool for dual-channel meters 

The numerical method described in chapter 3 is the best approach for a 

detailed analysis of the low-induced sound in dual-channel meters, where 

the detailed influence of the acoustic fluctuations on the duct walls may be 

investigated. For the interpretation of the flow induced sound phenomena 

occurring within the system, this method is undeniably necessary and 

important, particularly when studying different flow rates. 

Now that the underlying mechanism has been understood, a simplified 

and accelerated calculation method for dual-channel mass flow meter de- 

signs may be adopted. "This method does not need to quantify the detailed 

influences of the disturbance frequencies but should optimize the effect 

relative to the original design. Before this tool is developed, a closer look 
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at a simplification of the acoustic system into a one dimensional case is 

taken. 

A one dimensional acoustic analysis may be implemented since the 

main excitation of the system is initiated by the plane wave. The sound 

pressure of a traveling plane wave in terms of space and time may be 

described as 

palx,t) (p+e_jkx —I—p_ejkx)ej‘”t, (7.11) 

where the direction of the propagation in the pipe is indicated by + and 

—. Similarly the acoustic particle velocity is given by 

1 . . . 
ula,t) —(pre"? +p_eF)ei®t. (7.12) 

pc 

Substituting the definition of the acoustic impedance (7.1) and the initial 
value relations 

Po D+ +D-— (7.13) 

1 
uo o= (p+ +p-), (7.14) 

into the equations for the acoustic pressure and particle velocity, the 

transfer equations for an acoustic homogeneous pipe from inlet to outlet 

are achieved, a full derivation may be found in [63] 

Po(x,t) cos(kx) -j2,sin(kz))\ (pi(x,t) (7.15) 
Uo(x, 1) _jz% sin(kz)) cos(kx) ui(x,t) ) ' 

Here the inlet and outlet values are related by a transfer matrix K. By 

inverting the transfer matrix, a description in terms of the sound volume 

flux ¢, is obtained 
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pi(z,t) cos(kx) j2,sin(kx)) olx,t) (7.16) 

qgi(x,t) jz% sin(kx)) cos(kx) go(x,t) )" ' 

Description (7.16) may be extended to more complex systems, for ex 
ample where reflections occur. Such situations evolve when there are 

diameter changes along the pipe length. In this case a total transfer ma 

trix Ktotaı 15 used to connect the inlet and outlet values using the product 

of the partial matrices K; 

pi(z, t) - (po(fl:, t)) K : 7.17 
(v (7, 2) 1 "(go (z,t) ( ) 

Also a common feature in duct systems, junctions between two or more 

pipes may be represented. Junctions may be classified as serial or parallel, 

depending on the relation to the acoustic impedance to the main duct. 

In general, serial junctions are described using a transfer matrix of the 

form 

1 Z 
K, (0 | ) (7.18) 

including the acoustic impedance of the junction Z;. Similarly, parallel 

junctions are described using the transfer matrix 

K, (1 /1zj (1’) | (7.19) 

When simplifying a dual-channel mass flow meter into a one dimensional 

case, a system containing three partial transfer matrices may be estab 

lished, as depicted in figure 7.17. Additionally, an impedance of the 

junction Z; is present for the separation of the flow into the two smaller 

ducts, which are parallel to the main duct. 

The total transfer matrix needs to consider the diameter change from 

partial system 1 to partial systems 2 and 3, as well as the impedance 

experienced at the junction. In such a case, the input impedance of 
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Figure 7.17: Simplification of dual-channel mass flow meter into a one 

dimensional system. 

partial system 2 would be inserted into the transfer matrix of partial 

system 3 and vice versa. However, since both partial systems are equal 

in diameter and impedance change, the system is considered as transfer 

and impedance symmetric, with K; Ka3  Kaa. The description of the 

system is thus represented by 

) (7.20) 

Po(x,t) 
) K, - Ks- K(Z;) (qo(x,t)> : (7.21) 

Of course if the diameter changes are not simple cross sectional jumps 

but continual changes over the length, such as an exponential horn, then 

the transfer matrices need to be adjusted accordingly. For example if the 

partial system 1 has an exponential change in diameter, then the transfer 

matrix K7 would be altered to 

plat)) _ (¢ (eos(Ba)=Fsin(Ba) jZu(x)fsin(B)) (a1) 
2) -(“ iz Be er? sin(kz)) e (cos(ka:) len) a): 

(7.22) 
with horn constant a, propagation constant ß and the acoustic impedance 

Z,, which is a function of the position x. Considering the description of 

the one dimensional dual-channel flow meter system, the same conclu- 

sion may be reached as in the previous section. In order to optimize the 
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design such that no acoustic resonances are to be excited, the change in 

the diameters and in the acoustic impedance at the junction needs to be 

minimized. A simplified tool may be used for this purpose, which only 

considers the plane wave propagation in the system design. The acoustic 

geometry from the previous investigations is read into the simulation soft 

ware Comsol, where a pressure acoustics study is set up in the frequency 

domain. 

     

  

Background 

pressure source 

Figure 7.18: Simplified acoustic model of a dual-channel mass flow meter 

in Comsol. 

For this purpose, a background acoustic source is applied to the outlet 

side of the duct, as a broadband sound source between the frequencies 

OHz and 1000 Hz, as shown in figure 7.18. Two PML regions at the 

inlet and outlet of the duct are defined and the reaction of the system 

to the source is studied. This analysis is carried out for the original 

geometry, as well as for the two improved prototypes from section 7.3. As 

expected, the acoustic resonances identified in the previous investigation 

are once again excited. For example, figure 7.19 shows the excitation of 

the known second acoustic resonance in the original geometry at 580 Hz. 

When comparing the original geometry to the two improved prototypes 

from section 7.3, the excited acoustic resonances in the newer geometries 

are seen to be smaller in amplitude. This confirms that the two new 

designs show an improvement in the acoustic behaviour of the narrow 

tubes, with smaller disturbance amplitudes due to the induced acoustic 
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resonances between the flow splitters. A direct comparison is made using 

a monitoring point at the sensor position in figure 7.20. 

126 
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Figure 7.19: The excitation of the second acoustic resonance of the orig 

inal geometry in Comsol. 

  

  

  

un —-Compact design 

age ——Design 3 
@ 
A —-Design 4 
o 125 

g 
N 
N 
— 

@ 120 
A~ 

= 
= 115 
™~ 

© 
> 
© 
— 

o 110 
= 

" 105 

100 

0 100 200 300 400 500 600 700 800 900 1000 

Frequency [Hz]       

Figure 7.20: A comparison of the sound pressure level at the sensor in 

the original, and two new prototypes from section 7.3. 
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This simple simulation requires less than thirty minutes run time, and is 

satisfactory for the optimization of an adapted geometry relative to an 

original design. It allows the quick optimization of the dual channel mass 

flow meters regarding the acoustic behaviour, and will be used in further 

investigations related to this work. 
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CHAPTER 8 

  

Conclusion 

  

8.1 Summary 

This dissertation set out to resolve the issue of the large scattering in the 

measurement values consequent of measuring high speed flows with dual- 

channel mass flow devices. The phenomenon was successfully linked to 

flow-induced sound when the turbulences in the ducts are large. Due to 

the complexity of the system, with the sound source occurring directly in 

the device, the acoustic quantities could not be directly quantified. Three 

different mass flow devices were thus analyzed using a hybrid computa- 

tional aeroacoustic method using Lighthills analogy and the separation of 

the pressure into its incompressible and acoustic components. Through 

subsequent direct coupling of the mechanical and acoustic values, a vi 

broacoustic analysis was conducted. The fluid dynamic results showed 

large turbulence areas at the inlet and outlet flow diverters and at the 

bends in the ducts. The acoustic analysis confirmed that the main acous- 
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tic source was in fact at the outlet flow diverter, with the sources at the 

inlet and bends almost ten times smaller across the frequency spectrum. 

Observation of the volumetric acoustic pressures in the frequency domain 

revealed the building of strong acoustic resonances. The strongest of these 

resonances occur between the two flow diverters within the narrow ducts. 

At these acoustic resonances, the mechanical displacements of the narrow 

pipes increases drastically and these disturbances are partially able to en 

ter the signal processing of the measurement signal causing scattering of 

the values. This behaviour has been confirmed through measurements 

of the three devices on a gas calibration rig with air at 10bar. When 

the disturbances were close to the drive frequency of the meters, or to 

multiples thereof, a large scattering of the measurement values resulted. 

Furthermore, the disturbances could be measured on the narrow ducts 

at the inlet sensor using two Doppler laser vibrometers. The position 

and amplitude of these disturbances correlated well to those observed in 

the numerical investigations. The non linear behaviour of the degree of 

scattering, which increased at certain Reynolds numbers, could be linked 

to the energy spectrum of the turbulence at the main acoustic source lo 

cation. T'he energy content of the turbulence over frequency is Reynolds 

number dependent and reproducible. At certain Reynolds numbers, dif 

ferent frequencies contain more energy, and correspondingly the acoustic 

resonances are more or less excited according to the energy supplied to 

the narrow ducts. Multiple improvement possibilities to the dual channel 

mass flow devices could be identified, but only reducing the effect of the 

incessant acoustic source on the sensors was successful in subduing the 

disturbances on the ducts over the whole frequency range such that the 

current error specification of 0.35% was achieved. For this purpose, novel 

flow diverter designs using impedance matching and horn theory were 

implemented. It is not the acoustic pressures directly which cause the 

disturbances to the sensors, but their amplification through the acoustic 

resonances. If the resonances are not able to build, then the disturbances 

are not as strong. The scattering amplitude was successfully decreased 

by a factor a five in the compact design, with increased stabilities at lower 

flow rates. T’he total error specification of the device is within 0.25% of 

the mass flow reading which is the best performance available in industry. 
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A patent application on the flow diverter designs has been filed. 

8.2 Outlook 

Acoustic considerations of the devices will be included in the overall op 

timization algorithm of dual-channel mass flow meter design in future, to 

ensure highly accurate measurements of rapid flows in all dual-channel 

mass flow devices. The new flow diverter designs do not increase the cost 

of the devices, do not require new materials and may be easily substi 

tuted in to existing dual-channel mass flow devices. However, there is 

future work to be completed: 
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The total length of the flow diverters could be shortened, if no 

acoustic benefits are lost, such that the devices comply with the 

standard device length for their diameter class. 

The effect of the geometry changes on the pressure loss in the system 

needs to be properly quantified, since this is a critical sales factor. 

Supplementary qualification measurements on the turbulence en- 

ergy spectrum should be conducted to verify the preliminary results 

presented here. For this purpose measurements with a pressure sen 

sor at the outlet flow diverter could be made on the calibration rig. 

Although not a focus for this thesis, the overall sound volume of 

a dual-channel mass flow meter is being investigated. Since the 

meters may be installed close to residential areas or workplaces the 

sound volume has to apply to certain specifications which were not 

regarded in this thesis. 

An additional improvement brought by the new flow diverter de- 

signs apart from improving the scattering of the measurement points, 

was an improved the stability of the device at the lower fluid flows. 

This may be investigated further for low speed flows with denser 

fluids to increase the overall performance of the devices.
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Karlsruhe Institute for Technology 

Karlsruhe, Germany 

Doctor of Technical Science 

Vienna University of Technology 

Vienna, Austria 

Professional Experience 

11/2010 03/2011 

04/2011 09/2011 

10/2011 07/2013 

09/2013 present 

Bachelor thesis: Optimization of the temperature 

sensitivity of a ceramic pressure sensor 

Endress+Hauser GmBH+Co.KG, Maulburg Ger- 

many 

Diplom thesis: Optimization and design of a Coriolis 

mass flow meter for small pipe diameters 

Endress+Hauser Flowtec AG, Reinach Switzerland 

Developement Engineer Vortex flow meters 

Endress+Hauser Flowtec AG, Reinach Switzerland 

Developement Engineer Coriolis flow meters 

Endress+Hauser Flowtec AG, Reinach Switzerland


